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PREFACE 
 
         

 Recognition of reliability and maintainability (R&M) as vital factors in the 
development, production, operation, and maintenance of today's complex systems has 
placed greater emphasis on the application of design evaluation techniques to logistics 
management.  An analysis of a design for reliability and maintainability can identify 
critical failure modes and causes of unreliability and provide an effective tool for 
predicting equipment behavior and selecting appropriate logistics measures to assure 
satisfactory performance.  Application of design evaluation techniques can provide a 
sound basis for determining spare parts requirements, required part improvement 
programs, needed redesign efforts, reallocation of resources and other logistics 
measures to assure that specified reliability and maintainability requirements will be 
met. 

 
 Many efforts have been applied toward duplicating the data bank approach or 

developing a new approach for mechanical equipment.  The statistical analysis of 
equipment aging characteristics, regression techniques of equipment operating 
parameters related to failure rates, and analysis of field failure data have been studied 
in attempts to develop a methodology that can be used to evaluate a new mechanical 
design for R&M characteristics. 

 
 Many of the attempts to develop R&M prediction methodology have been at a 

system or subsystem level.  The large number of variables at these levels and lack of 
detailed knowledge regarding operating environment have created a problem in 
applying the results to the design being evaluated.  Attempts to collect failure rate data 
or develop an R&M prediction methodology at the system or subsystem level produce a 
wide dispersion of failure rates for apparently similar components because of the basic 
characteristics of mechanical components. 

 
 The Design Evaluation Techniques program was initiated by the Carderock Division 

of the Naval Surface Warfare Center (CDNSWC) and was sponsored by the Office of 
Naval Technology under the Logistics Exploratory Development Program, P.E. 62233N.  
The methodology for predicting R&M characteristics as part of this development effort 
does not rely solely on failure rate data.  Instead, the design evaluation procedures 
consider the material properties, operating environment and critical failure modes at the 
component part level to evaluate a design for R&M.  The purpose of this Handbook is to 
present the proposed methodology for predicting the reliability of mechanical equipment 
and solicit comments as to the potential utility of a standard reference for reliability 
predictions of mechanical equipment.  

 
 The development of this Handbook by the Logistics Technology Support Group 

(Code 2120) of CDNSWC was coordinated with the military, industry and academia.  
Sponsors of this effort included the U. S. Army Armament Research, Development & 
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Engineering Center (SMCAR-QAH-P), Picatinny Arsenal and the Robins AFB, WR-
ALC/LVRS.  These sponsors have provided valuable technical guidance in the 
development of the methodology and Handbook.  Chapter 1 of the Handbook provides 
a summary of the testing program to validate the prediction methodology.  Also, the 
Robins AFB supplied an MC-2A Air Compressor Unit for validation testing purposes.  
The procedures contained in this Handbook were used to predict the failure modes of 
the MC-2A and their frequency of occurrence.  Reliability tests were then performed 
with a close correlation between predicted and actual reliability being achieved.  Past 
sponsors and participants in the program include the Belvoir Research, Development, & 
Engineering Center; Wright-Patterson AFB; Naval Sea Systems Command; Naval Air 
Test Center and Louisiana Tech University.   

 
 Previous editions of this Handbook were distributed to interested engineering 

personnel in industry and DoD for comments as to the utility of the methodology in 
evaluating mechanical designs for reliability.  The comments have been extremely 
useful in improving the prediction methodology and contents of the Handbook.  The 
revised Handbook is available at no charge and can be downloaded by visiting the 
CDNSWC website (www.dt.navy.mil).  Every effort has been made to validate the 
equations presented in this Handbook.  However, limited funding has prevented the 
extensive testing and application of prediction procedures to the design/procurement 
process for full validation of the approach.  Therefore, users are cautioned that this 
Handbook is the result of a research program and not an official DoD document. 

 
Several companies have chosen to produce software packages containing the 

material in this Handbook, the attempt being to sell a software package whereby the 
reliability of mechanical components can be predicted in the same way as electronic 
components.  The Navy has not been and is not now in any way connected with the 
commercial ventures to produce software packages.  As described previously, it is 
important to understand the difference between the failure rate data used to evaluate 
electronic equipment and the procedures used to evaluate mechanical equipment.    For 
a company to extract equations from the Handbook without regard to the application 
procedures is in violation of the intent of the Handbook, the result being a potentially 
dangerous situation for the user in logistically relying on inaccurate results.   Another 
result is the damaging reputation to CDNSWC and the Navy in their attempts to improve 
the reliability of mechanical equipment through a greater understanding of mechanical 
system design.  To extract equations from the Handbook without regard to the 
procedures and parameter limits defeats the purpose of the Handbook in helping the 
designer of mechanical systems gain a greater insight as to the reliability of his design. 

 
CDNSWC has developed a software package that automates the use of procedures 

and equations in the Handbook that can be used to evaluate the methodology.  This 
software program called MechRel can be downloaded free of charge by visiting the 
CDNSWC website.  In summary, the Handbook and associated software package 
representing many years of research and development are already available at no 
charge.  Commercial exploitation of this work by extracting material without the full 
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content of the evaluation procedures violates the purpose of the work being done by 
CDNSWC.  Any product sold using material from the Handbook or referencing the 
Handbook must contain a statement that CDNSWC and the Navy have not participated 
in the development of or approve of their product.  

   
Interested users of the technology presented in this Handbook are urged to contact 

CDNSWC to obtain the latest available information on mechanical reliability.  Comments 
and recommended changes to the Handbook should be addressed to: 

 
Tyrone L. Jones 
Code 2120 
Naval Surface Warfare Center 
9500 MacArthur Blvd 
West Bethesda, MD 20817-5700 
Telephone:  301-227-4383 
FAX:  301-227-5991 
E-mail:      jonestl@nswccd.navy.mil

  

mailto:%20%20%20jonestl@nswccd.navy.mil
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1.1  PREFACE 

The “Handbook of Reliability Prediction Procedures for Mechanical Equipment” has 
been developed by the Logistics Technology Support Group, Carderock Division, Naval 
Surface Warfare Center (CDNSWC) in Bethesda, Maryland.  The handbook presents a 
new approach for determining the reliability and maintainability (R&M) characteristics of 
mechanical equipment.  It has been developed to help the user identify equipment 
failure modes and potential causes of unreliability in the early design phases of 
equipment development, and then to quantitatively evaluate the design for R&M and 
determine logistics support requirements. 

 
A software program called “MechRel” has also been developed by the Logistics 

Technology Support Group to automate the Handbook procedures and equations.  The 
Handbook and MechRel software program are available free of charge from the 
Carderock Division, Naval Surface Warfare Center.  Contact information is contained in 
Section 1.6 

    
1.2  CURRENT METHODS OF PREDICTING RELIABILITY 

A reliability prediction is performed in the early stages of a development program to 
support the design process.  Performing a reliability prediction provides for visibility of 
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reliability requirements in the early development phase and an awareness of potential 
degradation of the equipment during its life cycle.  As a result of performing a reliability 
prediction, equipment designs can be improved, costly over-designs prevented and 
development testing time optimized. 

 
Performance of a reliability prediction for electronic equipment is well established by 

research and development.  For example, MIL-HDBK-217 has been developed for 
predicting the reliability of electronic equipment.  Development of this document was 
made possible because the standardization and mass production of electronic parts has 
permitted the creation of valid failure rate data banks for high population electronic 
devices.  Such extensive sources of quality and reliability information can be used 
directly to predict operational reliability while the electronic design is still on the drawing 
board. 

 
A commonly accepted method for predicting the reliability of mechanical equipment 

based on a data bank has not been possible because of the wide dispersion of failure 
rates which occur for apparently similar components.  Inconsistencies in failure rates for 
mechanical equipment are the result of several basic characteristics of mechanical 
components: 

 
a. Individual mechanical components such as valves and gearboxes often perform 
more than one function and failure data for specific applications of nonstandard 
components are seldom available. A hydraulic valve for example may contain a 
manual shut-off feature as well as an automatic control mechanism on the same 
valve structure. 
 
b. Failure rates of mechanical components are not usually described by a constant 
failure rate distribution because of wear, fatigue and other stress-related failure 
mechanisms resulting in equipment degradation.  Data gathering is complicated 
when the constant failure rate distribution can not be assumed and individual times 
to failure must be recorded in addition to total operating hours and total failures. 
 
c. Mechanical equipment reliability is more sensitive to loading, operating mode and 
utilization rate than electronic equipment reliability.  Failure rate data based on 
operating time alone are usually inadequate for a reliability prediction of mechanical 
equipment. 
 
d. Definition of failure for mechanical equipment depends upon its application.  For 
example, failure due to excessive noise or leakage can not be universally 
established.  Leakage requirements for a water system are obviously different than 
those for a fuel system.  Lack of such information in a failure rate data bank limits its 
usefulness. 
 
The above deficiencies in a failure rate data base result in problems in applying 

published failure rates to an actual design analysis.  The most commonly used tools for 
determining the reliability characteristics of a mechanical design can result in a useful 
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listing of component failure modes, system level effects, critical safety related issues, 
and projected maintenance actions.  However, estimating the design life of mechanical 
equipment is a difficult task for the design engineer.  Many life-limiting failure modes 
such as corrosion, erosion, creep, and fatigue operate on the component at the same 
time and have a synergistic effect on reliability.  Also, the loading on the component 
may be static, cyclic, or dynamic at different points during the life cycle and the severity 
of loading may also be a variable.  Material variability and the inability to establish an 
effective data base of historical operating conditions such as operating pressure, 
temperature, and vibration further complicate life estimates.  

 
Although several analytical tools such as the Failure Modes, Effects and Criticality 

Analysis (FMECA) are available to the engineer, they have been developed primarily for 
electronic equipment evaluations, and their application to mechanical equipment has 
had limited success.  The FMECA, for example, is a very powerful technique for 
identifying equipment failure modes, their causes, and the effect each failure mode will 
have on system performance.  Results of the FMECA provide the engineer with a 
valuable insight as to how the equipment will fail; however, the problem in completing 
the FMECA for mechanical components is determining the probability of occurrence for 
each identified failure mode. 

 
The above listed problems associated with acquiring failure rate data for mechanical 

components demonstrates the need for reliability prediction models that do not rely 
solely on existing failure rate data banks.  Predicting the reliability of mechanical 
equipment requires the consideration of its exposure to the environment and subjection 
to a wide range of stress levels such as impact loading.  The approach to predicting 
reliability of mechanical equipment presented in this Handbook considers the intended 
operating environment and determines the effect of that environment at the lowest part 
level where the material properties can also be considered.  The combination of these 
factors permits the use of engineering design parameters to determine the design life of 
the equipment in its intended operating environment and the rate and pattern of failures 
during the design life.   

 
1.3  DEVELOPMENT OF THE HANDBOOK  

Useful models must provide the capability of predicting the reliability of all types of 
mechanical equipment by specific failure mode considering the operating environment, 
the effects of wear and other potential causes of degradation.  The models developed 
for the Handbook are based upon identified failure modes and their causes.  The first 
step in developing the models was the derivation of equations for each failure mode 
from design information and experimental data as contained in published technical 
reports and journals.  These equations were simplified to retain those variables affecting 
reliability as indicated from field experience data.  The failure rate models utilize the 
resulting parameters in the equations and modification factors were compiled for each 
variable to reflect its quantitative impact on the failure rate of individual component 
parts.  The total failure rate of the component is the sum of the failure rates for the 
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component parts for a particular time period in question.  Failure rate equations for each 
component part, the methods used to generate the models in terms of failures per hour 
or failures per cycle and the limitations of the models are presented.  The models were 
validated to the extent possible with laboratory testing or engineering analysis. 

 
The objective of the Handbook and MechRel software program is to provide 

procedures which can be used for the following elements of a reliability program: 
 
 •  Evaluate designs for reliability in the early stages of development 
 •  Provide management emphasis on reliability with standardized evaluation  
        procedures 
 •  Provide an early estimate of potential spare parts requirements 
 •  Quantify critical failure modes for initiation of specific stress or design analyses 
 •  Provide a relative indication of reliability for performing trade off studies,  
        selecting an optimum design concept or evaluating a proposed design change 
 •  Determine the degree of degradation with time for a particular component or  
        potential failure mode 
 •  Design accelerated testing procedures for verification of reliability performance 
 
One of the problems any engineer can have in evaluating a design for reliability is 

attempting to predict performance at the system level.  The problem of predicting the 
reliability of mechanical equipment is easier at the lower indenture levels where a 
clearer understanding of design details affecting reliability can be achieved.  Predicting 
the life of a mechanical component, for example, can be accomplished by considering 
the specific wear, erosion, fatigue and other deteriorating failure mechanism, the 
lubrication being used, contaminants which may be present, loading between the 
surfaces in contact, sliding velocity, area of contact, hardness of the surfaces, and 
material properties.  All of these variables would be difficult to record in a failure rate 
data bank; however, the derivation of such data can be achieved for individual designs 
and the potential operating environment can be brought down through the system level 
and the effects of the environmental conditions determined at the part level. 

 
The development of design evaluation procedures for mechanical equipment 

includes mathematical equations to estimate the design life of mechanical components.  
These reliability equations consider the design parameters, environmental extremes, 
and operational stresses to predict the reliability parameters.  The equations rely on a 
base failure rate derived from laboratory test data where the exact stress levels are 
known and engineering equations are used to modify this failure rate to the appropriate 
stress/strength and environmental relationships for the equipment application.   

 
As part of the effort to develop a new methodology for predicting the reliability of 

mechanical components, Figure 1.1 illustrates the method of considering the effects of 
the environment and the operating stresses at the lowest indenture level.   
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A component such as a valve assembly may consist of seals, springs, fittings, and 

the valve housing.  The design life of the entire mechanical system is accomplished by 
evaluating the design at the component and part levels considering the material 
properties of each part.  The operating environment of the system is included in the 
equations by determining its impact at the part level.  Some of the component parts may 
not have a constant failure rate as a function of time and the total system failure rate of 
the system can be obtained by adding part failure rates for the time period in question.   

 

 
Figure 1.1  Mechanical Components and Parts 

 
Many of the parts are subject to wear and other deteriorating type failure 

mechanisms and the reliability equations must include the parameters which are readily 
accessible to the equipment designer.  As part of this research project, Louisiana Tech 
University was tasked to establish an engineering model for mechanical wear which is 
correlated to the material strength and stress imposed on the part.  This model for 
predicting wear considers the materials involved, the lubrication properties, the stress 
imposed on the part and other aspects of the wear process (Reference 72).  The 
relationship between the material properties and the wear rate was used to establish 
generalized wear life equations for actuator assemblies and other components subject 
to surface wear. 
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In another research project, lubricated and unlubricated spline couplings were 
operated under controlled angular misalignment and loading conditions to provide 
empirical data to verify spline coupling life prediction models.  This research effort was 
conducted at the Naval Air Warfare Center in Patuxent River, Maryland (Reference 71).  
A special rotating mechanical coupling test machine was developed for use in 
generating reliability data under controlled operating conditions.  This high-speed closed 
loop testbed was used to establish the relationships between the type and volume of 
lubricating grease employed in the spline coupling and gear life.  Additional tests 
determined the effects of material hardness, torque, rotational speed and angular 
misalignment on gear life. 

 
Results of these wear research projects were used to develop and refine the 

reliability equations for those components subject to wear.   
 

1.4  EXAMPLE DESIGN EVALUATION PROCEDURE 

A hydraulic valve assembly will be used to illustrate the Handbook approach to 
predicting the reliability of mechanical equipment.  Developing reliability equations for all 
the different types of hydraulic valves would be an impossible task since there are over 
one hundred different types of valve assemblies available.  For example, some valves 
are named for the function they perform, e.g. check valve, regulator valve and unloader 
valve.  Others are named for a distinguishing design feature, e.g. globe valve, needle 
valve, solenoid valve.  However, from a reliability standpoint, dropping down one 
indenture level provides two basic types of valve assemblies: the poppet valve and the 
sliding action valve.   

 
The example assembly chosen for analysis is a poppet valve which consists of a 

poppet assembly, spring, seals, and housing.   
 

1.4.1  Poppet Assembly 
 

The functions of the poppet valve would indicate the primary failure mode as 
incomplete closure of the valve resulting in leakage around the poppet seat.  This failure 
mode can be caused by contaminants being wedged between the poppet and seat, 
wear of the poppet seat, and corrosion of the poppet/seat combination.  External seal 
leakage, sticking valve stem, and damaged poppet return spring are other failure modes 
which must be considered in the design life of the valve. 

 
A new poppet assembly may be expected to have a sufficiently smooth surface for 

the valve to meet internal leakage specifications.  However, after some period of time 
contaminants will cause wear of the poppet assembly until leakage rate is beyond 
tolerance.  This leakage rate, at which point the valve is considered to have failed, will 
depend on the application and to what extent leakage can be tolerated. 
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As derived in Chapter 6 of the Handbook, the following equation can be used to 
determine the failure rate of a poppet assembly:  

 
 

( )
( )

2 3 2 2
1 2

, 1.5
M

P P B
f a W SQ L S

2 x10 D Kf P P
λ λ

ν
−

= 1
 

 
Where:      λP =  Failure rate of the poppet assembly, failures/million cycles 

     λP,B =  Base failure rate for poppet assembly, failures/million cycles B

      DM =  Mean seat diameter, in 

       ƒ =  Mean surface finish of opposing surfaces, in 

      P1 =  Upstream pressure, lbs/in2

      P2 =  Downstream pressure, lbs/in2 

             K1 =  Constant which considers the impact of contaminant size,  
                              hardness and quantity of particles                     

      Qf =  Leakage rate considered to be a valve failure, in3/min   

       νa =  Absolute fluid viscosity, lb-min/in2

      LW =  Radial seat land width, in 

       SS =  Apparent seat stress, lb/in2

        
Values used to determine the failure rates for the parts used in this example are 

listed in Table 1-1.  Throughout the Handbook, failure rate equations for each 
component and part are translated into a base failure rate with a series of multiplying 
factors to modify the base failure rate to the operating environment being considered.  
For example, as shown in Equation (6-6) of Chapter 6, the above equation can be 
rewritten as follows: 

 

,PO PO B P Q F N S DT SW WC C C C C C C C Cνλ λ= i i i i i i i i i     
 
Where:    λPO =  Failure rate of poppet assembly in failures/million operations 

  λPO,B =  Base failure rate of poppet assembly, 1.40 failures/million  
                              operations 

       CP =  Multiplying factor which considers the effect of fluid pressure 
                                   on the base failure rate 
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      CQ =  Multiplying factor which considers the effect of allowable 
                                   leakage on the base failure rate 

       CF =  Multiplying factor which considers the effect of surface 
                                   finish on the base failure rate 

       Cν =  Multiplying factor which considers the effect of fluid viscosity 
                                   on the base failure rate 

       CN =  Multiplying factor which considers the effect of contaminants 
                                  on the base failure rate 

       CS =  Multiplying factor which considers the effect of seat stress  
                                  on the base failure rate 

     CDT =  Multiplying factor which considers the effect of seat diameter 
                                  on the base failure rate 

    CSW =  Multiplying factor which considers the effect of seat land width 
                                  on the base failure rate 

      CW =  Multiplying factor which considers the effect of fluid flow rate 
                                  on the base failure rate 

 
The parameters in the failure rate equation can be located on an engineering 

drawing, by knowledge of design standards or by actual measurement.  Other design 
parameters which have a minor effect on reliability are included in the base failure rate 
as determined from field performance data. 

 
 

1.4.2  Spring Assembly 
 
Depending on the application, a spring may be in a static, cyclic, or dynamic 

operating mode.  In the current example of a valve assembly, the spring will be in a 
cyclic mode.  The operating life of a mechanical spring arrangement is dependent upon 
the susceptibility of the materials to corrosion and stress levels (static, cyclic or 
dynamic).  The most common failure modes for springs include fracture due to fatigue 
and excessive loss of load due to stress relaxation.  Other failure mechanisms and 
causes may be identified for a specific application.  Typical failure rate considerations 
include: level of loading, operating temperature, cycling rate and corrosiveness of the 
fluid environment.   Other failure modes to be considered are listed in Chapter 4. 

 
The failure rate of a compression spring depends upon the stress on the spring and 

the relaxation properties of the material.  The load on the spring is equal to the spring 
rate multiplied by the change in load per unit deflection and calculated as explained in 
Chapter 4. 
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Where:       PL =  Load, lbs 

         R =  Spring rate, lb/in 

         L1 =  Initial deflection of spring, in 

         L2 =  Final deflection of spring, in 

       GM =  Modulus of rigidity, lb/in2

     DW =  Mean diameter of wire, in 

           DC =  Mean diameter of spring, in 

       Na =  Number of active coils 
 
Stress in the spring will be proportional to loading according to the following 

relationship: 
 

                  3
L C W

G
W

8 P D KS
Dπ

=       

 
Where:     SG =  Actual stress, psi  

     KW =  Wahl stress correction factor 
 
This equation permits determination of expected life of the spring by plotting the 

material S-N curve on a modified Goodman diagram.  In the example valve application, 
the spring force and the failure rate remain constant.  This projection is valid if the 
spring does not encounter temperature extremes.  Corrosion is a critical factor in spring 
design because most springs are made of steel which is susceptible to a corrosive 
environment.  In this example the fluid medium is assumed to be non-corrosive and the 
spring is always surrounded by the fluid, thus a corrosion factor need not be included in 
this analysis.  If the valve were a safety device and subjected intermittently to a steam 
environment, then a corrosion factor would have to be applied consistent with any 
corrosion protection in the original spring design.   

 
The failure rate of the compression spring can be estimated from the following 

equation:  
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 where:     
  

 TS =   Material tensile strength, lbs/in2

 
 
 
Other multiplying factors based on field performance data are detailed in Chapter 4. 
 
 

1.4.3  Seal Assembly  
 
The primary failure mode of a seal is leakage, and the following equation as derived 

in Chapter 3 uses a similar approach as developed for evaluating a poppet design: 
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Where:    λSE =  Failure rate of seal, failures/million cycles 

   λSE,B =  Base failure rate of seal, failures/million cycles 

        K1 =  Constant  = 3.27 x 10-4   

       P1 =  System pressure, lb/in2

       P2 =  Standard atmospheric pressure or downstream pressure, lb/in2    

      Qf =  Allowable leakage rate under conditions of usage, in3/min 

      νa =  Absolute fluid viscosity, lb-min/in2

        ri =  Inside radius of circular interface, in 

        ro =  Outside radius of circular interface, in 

       H =  Conductance parameter (Meyer hardness M; contact pressure C;  
                               surface finish ƒ) 
     
The conductance parameter is a combination of Meyer hardness, contact pressure 

and surface finish per the following equation: 
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Where:       M =  Meyer hardness (or Young's modulus) for rubber 

        and resilient materials, lbs/in2 

        C =  Contact stress, lbs/in2  

           ƒ =  Surface finish, in 
   
In the case of an O-ring seal, the failure rate will increase as a function of time 

because of gradual hardening of the rubber material.  A typical failure rate curve for an 
O-ring is shown in Figure 1.2.  Multiplying factors considering such parameters as fluid 
temperature are detailed in Chapter 3. 

 
 
1.4.4  Combination of Failure Rates 

 
The addition of failure rates to determine the total valve failure rate depends on the 

life of the valve and the maintenance philosophy established.  If the valve is to be 
discarded upon the first failure, a time-to-failure can be calculated for the particular 
operating environment.  If, on the other hand, the valve will be repaired upon failure with 
the failed part(s) being replaced, then the failure rates must be combined for different 
time phases throughout the life expectancy until the wear-out phase has been reached.  
The effect of part replacement and overhaul is a tendency toward a constant failure rate 
at the system level and will have to be considered in the prediction for the total system. 

 
The housing will exhibit an insignificant failure rate, usually verified by experience or 

by finite element analysis.  Typical values as assumed for the example equations are 
listed in Table 1-1. 

 
After the failure rates are determined for each component part, the rates are 

summed to determine the failure rate of the total valve assembly.  Because some of the 
parameters in the failure rate equation are time dependent, i.e. the failure rate changes 
as a function of time, the total failure rate must be determined for particular intervals of 
time.  In the example of the poppet assembly, nickel plating was assumed with an initial 
surface finish of 35 μ inches.  The change in surface finish over a one year time period 
for non-acidic fluids such as water, mild sodium chloride solutions, and hydraulic fluids 
will be a deterioration to 55 μ inches.  In the case of the O-ring seal, the hardness of the 
rubber material will change with age.  The anticipated failure rate as a function of time 
for the component parts of the valve and the total valve assembly are shown in Figure 
1.2. 
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Table 1-1.  Typical Values for Failure Rate Equations 
 

POPPET SPRING SEAL 
PARAMETER VALUE PARAMETER VALUE PARAMETER VALUE 

λP,B 1.40 λSP,B 23.8 λSE,B 2.40 

Qf 0.06 L1 3.35 Qf 0.06 

DM 1.69 L2 2.28 P1 3000 

F * 35 E-6 GM 11.5 E 6 P2 15 

P1 3000 DC 0.58 νa 2 E -8 

P2 15.0 DW 0.085 ri 0.17 

νa 2 E-8 Na 14 ro 0.35 

LW 0.85 TS 245 E3 M/C ** 0.55 

Ss 4045 PL 29.4 f 35 E-6 

K1 1.00 SG 86.2 E 3 H 1.02 E-4 

Ops/hour 0.5 KW 1.219 K1 3.27 E-4
TOTALS:   
λP 0.35 λSP 1.04 λSE 1.20 
 

   * Initial value = 35 μin; after 8,000 operating hours (4,000 operations) surface finish  
      will equal 55 μin  (Reference 5) 

 **  Initial value = 0.55 (hardness, M = 500 psi; contact stress, C = 910 psi); after 1 year 
                   M estimated to be 575 psi (M/C = 0.63) 

 
1.5  VALIDATION OF RELIABILITY PREDICTION EQUATIONS 

A very limited budget during the development of this handbook prevented the 
procurement of a sufficiently large number of components to perform the necessary 
failure rate tests for all the possible combinations of loading roughness, operational 
environments, and design parameters to reach statistical conclusions as to the accuracy 
of the reliability equations.  Instead, several test programs were conducted to verify the 
identity of failure modes and validate the engineering approach being taken to develop 
the reliability equations.  For example, valve assemblies were procured and tested at 
the Belvoir Research, Development and Engineering Center in Ft. Belvoir, Virginia.  The 
number of failures for each test was predicted using the equations presented in this 
handbook.  Failure rate tests were performed for several combinations of stress levels 
and results compared to predictions.  Typical results are shown in Table 1-2.  
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Figure 1.2  Combination of Component Failure Rates 
 
Another example of reliability tests performed during development of the handbook 

is the testing of gearbox assemblies at the Naval Air Warfare Center in Patuxent River, 
Maryland (Reference 70).  A spiral-bevel right angle reducer type gearbox with 3/8 inch 
steel shaft was selected for the test.  Two models having different speed ratios were 
chosen, one gearbox rated at 12 in-lbs torque at 3600 rpm and the other gearbox rated 
at 9.5 in-lbs torque.  Prior to testing the gearboxes, failure rate calculations were made 
using the reliability equations from this handbook.  Test results were compared with 
failure rate calculations and conclusions made concerning the ability of the equations to 
be used in calculating failure rates. 

 
Reliability tests were also performed on stock hydraulic actuators using a special-

purpose actuator wear test apparatus (Reference 72).   The actuators used in this 
validation project had a 2.50 inch bore, a 5.0 inch stroke, and a nominal operating 
pressure of 3000 psig.  Various loads and lubricants were used to correlate test results 
with Handbook prediction procedures and equations.  The effect of contamination of the 
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oil was correlated by adding 10 micron abrasive particles to the lubricant in the 
actuators.   

 
 

Table 1-2.  Sample Test Data for Validation of Reliability 
Equations for Valve Assemblies 

 
 

TEST 
SERIES 

 
VALVE 

NUMBER 

TEST 
CYCLES 

TO 
FAILURE 

 
ACTUAL 

FAILURES/ 
106 CYCLES 

 
AVERAGE 
FAILURES/ 
106 CYCLES 

 
PREDICTED 
FAILURES/ 
106 CYCLES 

 
 

FAILURE 
MODE # 

15 
 

24 
24 
24 
24 
24 
24 

 
25 
25 
25 

11 
 

8 
9 
10 
11 
12 
13 
 

14 
15 
18 

68,322 
 

257,827 
131,126 
81,113 
104 
110,488 
86,285 

 
46,879 
300 

     55,545 

14.64 
 
 
7.63 
12.33 
 
9.05 
11.59 
 
21.33 
 
18.00 

14.64 
 
 
10.15 
 
 
 
 
 
19.67 

18.02 
 
 
10.82 
 
 
 
 
 
8.45 

3 
 

1 
1 
1 
2 
1 
1 
 

2 
3 
1 

 
TEST PARAMETERS: 
  SYSTEM PRESSURE:  3500 psi FLUID FLOW:  100% rated 
  FLUID TEMPERATURE:  90 C FLUID:  Hydraulic, MIL-H-83282 

FAILURE MODE: 
  1 - Spring Fatigue 
  2 - No Apparent 
  3 - Accumulated Debris 
 
 
 
Additional reliability tests were performed during development of the handbook on 

air compressors for 4000 hours under six different environmental conditions to correlate 
the effect of the environment on mechanical reliability (Reference 73).  The air 
compressors procured for the test were small reciprocating compressors with a 
maximum pressure of 35 psi and a ft  rating of 0.35.  The units were subjected to 
temperature extremes, blowing dust, and AC line voltage variations while operating at 
maximum output pressure.  The data collected were used to verify the reliability 
equations for reciprocating compressors. 

3
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  In another reliability test, a special environmentally controlled test chamber was 
constructed at the Naval Air Warfare Center in Patuxent River, Maryland to test gear 
pumps and centrifugal pumps (References 74 and 75).  A series of bronze rotary gear 
pumps were operated for 8000 hours to collect data on operation under controlled 
hydraulic conditions.  Tests were conducted under high temperature water, low 
temperature water, and water containing silicon dioxide abrasives.  Data were collected 
on flow rates, and seal leakage while pump speed, output pressure, and fluid 
temperature were held constant.  Similar tests were conducted on a series of centrifugal 
pumps. 

 
To further evaluate wear mechanisms and their effect on mechanical reliability, 

fifteen impact wrenches were operated to failure with a drum brake providing frictional 
torque and inertial torque loading (Reference 76).  The impact wrenches selected for 
testing were general purpose, 1/2 inch drive, pneumatic impact wrenches commonly 
found in Naval repair shops.  This wrench is rated for 200 lb-ft of torque and uses 4 cfm 
at 90 psi of air.  Results of these reliability tests were used to evaluate the utility of the 
related failure equations in the handbook.    

 
Validation of the various reliability equations for brakes and clutches was 

accomplished with tests conducted at Louisiana Tech University by evaluating the wear 
process for the various elements used in disk and drum brakes and multiple-disk 
clutches (Reference 77).  Two types of experimental tests were conducted in 
connection with development of the model: (a) abrasive wear tests and (b) 
measurements of the coefficient of friction.  Brakes and clutches were tested while 
monitoring the rate of wear for various materials including asbestos-type composite, 
sintered resin composite, sintered bronze composite, carbon-carbon composite, cast 
iron, C1040 carbon steel, 17-4 PH stainless steel, and 9310 alloy steel.  The number of 
passes required to initiate measurable wear for the various types of brakes and clutches 
were correlated to the models contained in this handbook.    

 
Robins AFB, one of the sponsors of the project to develop this handbook, provided 

an MC-2A air compressor unit for validation testing of the handbook procedures.  The 
MC-2A is a diesel engine-driven, rotary vane compressor mounted in a housed mobile 
trailer.  It is designed for general flight line activities such as operating air tools requiring 
air from 5 psig to 250 psig.  Two objectives were established for the validation effort: (a) 
determine the utility of the handbook to effect significant improvements in the reliability 
of new mechanical designs, and (b) determine the reliability of the MC-2A in its intended 
operating environment and introduce any needed design modifications for reliability 
improvement (References 78 and 79).  

 
An additional reliability test was performed at the Naval Air Warfare Center in 

Patuxent River, Maryland to verify the application of the handbook in identifying existing 
and impending faults in mechanical equipment.  A commercial actuator assembly was 
purchased and its design life estimated using the equations in this handbook.  The 
actuator was then placed on test under stress conditions and an inspection made at the 
minimum calculated design life taking into consideration the sensitive parameters in the 
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reliability equations.  Upon inspecting the actuator at this point in time a revised 
remaining life estimate of the actuator was made and the test continued until failure.  
Test results were then compared with estimated values.  The purpose of this test was to 
demonstrate the use of the handbook equations to revise failure estimates based on 
actual operating conditions when they may be different than originally anticipated and to 
continually obtain a more accurate estimate of time before the next maintenance action 
will be required (Reference 80).     

 
An application of the methodology included in this Handbook to a 

diagnostic/prognostic system was demonstrated at the Naval Surface Warfare Center in 
West Bethesda, Maryland.  Sensors were placed on various components of a water 
purification system being designed and tested at the laboratory.  Equations as 
contained in this Handbook were then loaded into a laptop computer so that a real time 
determination of the remaining life of critical components could be made.  Results of the 
experiment demonstrated that the application of prognostics to cognitive-based 
maintenance systems achieves the goal of performing maintenance actions only when 
there is objective evidence that the equipment requires attention.  The result is a 
minimally manned, low maintenance and self-sufficient platform. 

 
   

1.6  SUMMARY 

The procedures presented in this handbook should not be considered as the only 
methods for a design analysis.  An engineer needs many evaluation tools in his toolbox 
and new methods of performing dynamic modeling, finite element analysis and other 
stress/strength evaluation methods must be used in combination to arrive at the best 
possible reliability prediction for mechanical equipment. 

 
The examples included in this introduction are intended to illustrate the point that 

there are no simplistic approaches to predicting the reliability of mechanical equipment.  
Accurate predictions of reliability are best achieved by considering the effects of the 
operating environment of the system at the part level.  The failure rates derived from 
equations as tailored to the individual application then permits an estimation of design 
life for any mechanical system.  It is important to realize that the failure rates estimated 
using the equations in this handbook are time dependent and that failure rates for 
mechanical components must be combined for the time period in question to achieve a 
total equipment failure rate.  Section 1.3 and specifically Figure 1.2 demonstrate this 
requirement. 

 
It will be noted upon review of the equations that some of the parameters are very 

sensitive in terms of life expectancy.  The equations and prediction procedures were 
developed using all known data resources.  Additional research is needed to obtain 
needed information on some of these “cause and effect” relationships for use in 
continual improvement to the Handbook.  In the meantime, the value of the Handbook 
lies in understanding these “cause and effect” relationships so that when a discrepancy 
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does occur between predicted and actual failure rate, the cause is immediately 
recognized.  It is hoped that users of the Handbook and the MechRel software program 
will communicate observed discrepancies in the Handbook and suggestions for 
improvement to the Naval Surface Warfare Center.  Suggestions, comments and 
questions should be directed to: 

 
Tyrone L. Jones 
Code 2120 
Naval Surface Warfare Center 
9500 MacArthur Blvd 
West Bethesda, MD 20817-5700 
 
Telephone:  301-227-4383 
FAX:  301-227-5991 

 
E-mail:   jonestl@nswccd.navy.mil
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CHAPTER  2 
 

DEFINITIONS         
 
 
This chapter provides a definition of some basic engineering terms to help establish 

a reference for the engineering analysis of mechanical equipment.   
 

Abrasive Wear - The removal of material from a surface by the sliding or rolling of hard 
particles across the surface under pressure. 
 
Adhesive Wear - The removal of material from a surface by the welding together and 
subsequent shearing of two surface areas that slide across each other under pressure.   
 
Anodizing - The forming of a conversion coating on a metal surface (usually aluminum) 
by anodic oxidation. 
 
Armature - The portion of the magnetic structure of a DC or universal motor which 
rotates 
 
Axial Thrust - The force or loads that are applied to a shaft in a direction parallel to the 
axis of the shaft (such as from a fan or pump). 
 
BB10 Life - The number of hours at a given load that 90 percent of a set of apparently 
identical bearings will complete or exceed. 
 
Base Failure Rate - A failure rate for a component or part in failures per million hours or 
failures per million operations depending on the application and derived from a data 
base where the exact design, operational, and environmental parameters are known.  
Multiplying factors are then used to adjust the base failure rate to the new operating 
environment. 
 
Bending Moment - The algebraic sum of the moments of the external forces to the left 
or right of any section on a member subjected to bending by transverse forces. 
 
Boring - A machining method using a single point tool on internal surfaces of revolution.  

 
Brake Lining - A frictional material used for stopping or retarding the relative movement 
of two surfaces. 
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Cavitation - The formation and instantaneous collapse on innumerable tiny voids within 
a liquid subjected to rapid and intense pressure changes. 
 
Cavitation Damage - Erosion of a solid surface through the formation and collapse of 
cavities in an adjacent liquid. 
 
Center Distance - The distance between centers of two gears. 
 
Coefficient of Friction - This relationship is the ratio between two measured forces.  
The denominator is the normal force pressing two surfaces together. The numerator is 
the frictional force resisting the motion of one surface over the other. 
 
Compressive Strength - The maximum compressive stress that a material is capable 
of developing based on the original area of cross section. 
  
Contamination - Foreign matter or particles in a fluid system that are transported 
during its operation and which may be detrimental to system performance or even 
cause failure of a component. 

 
Corrosion - The slow deterioration of materials by chemical agents and/or 
electromechanical reactions. 
 
Corrosion Fatigue – Cracking produced by the combined action of repeated or 
fluctuating stress and a corrosive environment.  

 
Creep - Continuous increase in deformation under constant or decreasing stress. 

 
Dependent Failure - Failure caused by failure of an associated item or by a common 
agent. 

 
Diaphragm – A member made of rubber or similar material used to contain hydraulic 
fluid within the forming cavity and to transmit pressure to the part being formed. 
 
Dirt lock - Complete impedance of movement caused by stray contaminant particles 
wedged between moving parts. 
 
Durometer - A device used to measure the hardness of rubber compounds. 
 
Duty Cycle -  The ratio of “on-time” to “on time + off time”, usually expressed as a 
percentage. 

 
Elastic Limit - The greatest stress at which a material is capable of withstanding 
without any permanent deformation after removal of the load 
 
Endurance Limit - The stress level value when plotted as a function of the number of 
stress cycles at which point a constant stress value is reached.  This is the maximum 
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stress below which it can be assumed the material can endure an indefinite number of 
stress cycles. 

 
External leakage - Leakage resulting in loss of fluid to the external environment. 

 
Failure Mode - The indicator or symptom by which a failure is evidenced. 

 
Failure Rate - The probable number of times that a given component will fail during a 
given period of operation under specified operating conditions. Failure rate may be in 
terms of time, cycles, revolutions, miles, etc. 

 
Fatigue - The cracking, fracture or breakage of mechanical material due to the 
application of repeated, fluctuating or reversed mechanical stress less than the tensile 
strength of the material. 
 
Fatigue Life - The number of stress cycles that can be sustained prior to failure under 
stated conditions.  

 
Fatigue Limit - The maximum stress that presumably leads to fatigue fracture in a 
specified number of stress cycles.   
 
Fatigue Strength - The maximum stress that can be sustained for a specified number 
of cycles without failure.  
 
Fretting (or Fretting Corrosion) – Surface pitting caused by contacting asperities on 
mating surfaces.  Corrosion damage occurs at the asperities of contact surfaces.  It is 
caused by the combination of corrosion and the abrasive effects of debris in equipment 
with moving parts.  
 
Friction Material - A product manufactured to resist sliding contact between itself and 
another surface in a controlled manner. 
 
Gear - The larger of two meshed gears.  If both gears are the same size they are both 
referred to as “gears”.  See pinion 

 
Hardness - A measure of material resistance to permanent or plastic deformation equal 
to a given load divided by the resulting area of indentation. 

 
Hooke’s Law - Stress is proportional to strain.  The law holds only up to the 
proportional limit. 
 
Independent Failure - A failure of a device which is not caused by or related to failure 
of another device. 
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Inductance - The characteristic of an electric circuit by which varying current in the 
circuit produces a varying magnetic field which causes voltages in the same circuit or in 
a nearby circuit. 
 
Internal Leakage - Leakage resulting in loss of fluid in the direction of fluid flow past the 
valving unit. 
 
Joint Efficiency - The strength of a welded joint expressed as a percentage of the 
strength of the unwelded base metal. 

 
Leakage - The flow of fluid through the interconnecting voids formed when the surfaces 
of two materials are brought into contact. 
 
Line of Action - The line along which the point of contact between gear teeth travels, 
between the first point of contact and the last. 
 
Lubricant - A substance used to reduce friction between two surfaces in contact. 

 
Mean Cycles Between Failure - The total number of functioning cycles of a population 
of parts divided by the total number of failures within the population during the same 
period of time. This definition is appropriate for the number of hours as well as for 
cycles. 

 
Mean Cycles to Failure - The total number of functioning cycles divided by the total 
number of failures during the period of time.  This definition is appropriate for the 
number of hours as well as for cycles. 
 
Mean Stress - The algebraic mean of the maximum and minimum stress in one cycle. 
 
Mil - One thousandth of an inch (0.001 in.) 
 
Mild Steel - Carbon steel with a maximum of about 0.25% carbon. 

 
Modulus of Elasticity – A measure of the rigidity of metal.  The slope of the initial 
linear portion of the stress-strain diagram; the larger the value, the larger the stress 
required to produce a given strain.  Also known as Young's Modulus. 

 
Modulus of Rigidity - See Modulus of Elasticity.  The rate of change of unit shear 
stress with respect to unit shear strain for the condition of pure shear within the 
proportional limit.  Also called Shear Modulus of Elasticity. 

 
Pinion - The smaller of two meshing gears. 

 
Poisson's Ratio - Ratio of lateral strain to axial strain of a material when subjected to 
uniaxial loading. 
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Pressure Angle - The angle between the Line of Action in a gear tooth and a line 
perpendicular to the Line of Centers. 
 
Proportional Limit - The maximum stress at which strain remains directly proportional 
to stress. 

 
Random Failures - Failures that occur before wear out, are not predictable as to the 
exact time of similar and are not associated with any pattern of similar failures.  
However, the number of random failures for a given population over a period of time at 
a constant failure rate can be predicted. 
 
Reliability - A quantitative measure of the ability of a product to fulfill its intended 
function for a specified period of time under stated operating conditions. 

 
Silting - An accumulation and settling of particles during component inactivity. 

 
Smearing - Surface damage resulting from unlubricated sliding contact within a 
bearing. 
 
S-N diagram - A graph showing the relationship of stress (S) and the number of cycles 
(N) before fracture in fatigue testing.  

 
Spalling - The cracking and flaking of particles out of a surface. 
 
Stiction - A change in performance characteristics or complete impedance of poppet or 
spool movement caused by wedging of minute particles between a poppet stem and 
housing or between spool and sleeve. 
 
Strain - A measure of the relative change in size or shape of a body, usually a 
reference to the linear strain in the direction of applied stress.   

 
Stress - Used to indicate any agency that tends to induce “failure”.  It is a measure of 
intensity of force acting on a definite plane passing through a given point, measured in 
force per unit area. 
 
Stress-corrosion Cracking - Failure by cracking under combined action of corrosion 
and applied or residual stress 
 
Stress Raiser - Change in contour or discontinuity in structure that causes a local 
increase in stress 
 
Surface Finish - A measure of the roughness of a surface as a result of final treatment. 
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Temperature Rise - Some of the electrical energy losses inherent in motors and other 
components are converted to heat causing some of the component parts to heat up 
while running or activated.  The heated parts are at a higher temperature than the 
surrounding air causing a rise above ambient temperature.  Friction has the same effect 
on mechanical component parts such as actuators and shafts.  
 
Tensile Strength - Value of nominal stress obtained when the maximum (or ultimate) 
load that the  specimen supports is divided by the cross-sectional area of the specimen. 
See Ultimate Strength 
 
Thermal Fatigue - Fracture resulting from the presence of thermal gradients producing 
cyclic stresses in a structure  
 
Thrust Bearing - Special bearings used to handle higher than normal axial forces 
exerted on the shaft of the motor or gearmotor as is the case with some fan or pump 
blade mountings 
 
Torque - Turning force delivered by a motor or gearmotor shaft usually expressed in ft-
lbs derived by computing H.P. x 5250/RPM = full load torque  
 
Triaxial Stress - A state of stress in which none of the three principal axis stresses is 
zero. 

 
Ultimate Strength - The maximum stress (tensile, compressive or shear) the material 
will withstand. See Tensile Strength. 

 
Viscosity - A measure of internal resistance of a fluid which tends to prevent it from 
flowing. 

 
Wear-out Failure - A failure which occurs as a result of mechanical, chemical or 
electrical degradation. 

 
Yield Strength - The stress that will produce a small amount of permanent deformation 
in a material, generally a strain equal to 0.1 or 0.2 percent of the length of the specimen. 

 
Young's Modulus - See Modulus of Elasticity. 
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3.1  INTRODUCTION 

A seal is a device placed between two surfaces to prevent the flow of gas or fluid 
from one region to another.  Seals are used for both static and dynamic applications.  
Static seals such as gaskets and sealants are used to prevent leakage through a 
mechanical joint when there is no relative motion of mating surfaces other than that 
induced by environmental changes.  A dynamic seal is a mechanical device used to 
control leakage of fluid from one region to another when there is rotating or 
reciprocating motion between the sealing interfaces.  Some types of seals such as O-
rings are used in both static and dynamic applications.  However, the employment of O-
rings as primary dynamic seals is normally limited to short strokes and moderate 
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pressures.  An example of static and dynamic seal applications is shown in Figure 3.1.  
A seal classification chart is shown in Figure 3.2. 
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Figure 3.1  Static and Dynamic Seals 
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Figure 3.2  Seal Classification Chart 
 

 
The reliability of a seal design is determined by the ability of the seal to restrict the 

flow of fluid from one region to another for its intended life in a prescribed operating 
environment.  The evaluation of a seal design for reliability must include a definition of 
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the design characteristics and the operating environment in order to estimate its design 
life.  Section 3.2 discusses the reliability of gaskets and other static seals.  A discussion 
of dynamic seal reliability is contained in Section 3.3.  
 
3.2  GASKETS AND STATIC SEALS 

 
A gasket is used to develop and maintain a barrier between mating surfaces of 

mechanical assemblies when the surfaces do not move relative to each other.  The 
barrier is designed to retain internal pressures, prevent liquids and gases from escaping 
the assembly, and prevent contaminants from entering the assembly.  Gaskets can be 
metallic or nonmetallic. 

 
Seal reliability is affected by the type of liquid or gas to be sealed, internal pressure, 

temperature, external contaminants, types of surfaces to be joined, surface roughness, 
and flange pressure developed at the joint. Flange pressure compresses the gasket 
material and causes the material to conform to surface irregularities in the flange and is 
developed by tightening bolts that hold the assembly together. 

3.2.1  Failure Modes 

The primary failure mode of a gasket or seal is leakage.  The integrity of a seal 
depends upon the compatibility of the fluid and sealing components, conditions of the 
sealing environment, and the applied load during application.  Table 3-1 contains a list 
of typical failure mechanisms and causes of seal leakage.  Other failure mechanisms 
and causes should be identified for the specific product to assure that all considerations 
of reliability are included in any design evaluation. 

3.2.2  Failure Rate Model Considerations 

A review of failure rate data suggests the following characteristics be included in the 
failure rate model for gaskets and seals: 

 
- Material characteristics 
- Amount of seal compression 
- Surface irregularities 
- Seal size 
- Fluid pressure 
- Extent of pressure pulses 
- Temperature 
- Fluid viscosity 
- Contamination level 
- Fluid/material compatibility 
- Leakage requirements 
- Assembly/quality control procedures 
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Table 3-1. Typical Failure Mechanisms and Causes 
                                             for Static Seals and Gaskets 
 

FAILURE MODE  FAILURE MECHANISMS FAILURE CAUSES 

 - Wear  - Contaminants 
 - Misalignment 
 - Vibration 

 - Elastic Deformation 
 - Gasket/seal distortion 

 - Extreme temperature 
 - Misalignment 
 - Seal eccentricity 
 - Extreme loading/ extrusion 
 - Compression set/overtorqued bolts 

 - Surface Damage 
 - Embrittlement 

 - Inadequate lubrication 
 - Contaminants 
 - Fluid/seal degradation 
 - Thermal degradation 
 - Idle periods between component use 
 - Exposure to atmosphere, ozone 
 - Excessive temperature 

 - Creep  - Fluid pressure surges 
 - Material degradation 
 - Thermal expansion & contraction 

 - Compression Set  - Excessive squeeze to achieve seal 
 - Incomplete vulcanization 
 - Hardening/high temperature 

 - Installation Damage  - Insufficient lead-in chamfer 
 - Sharp corners on mating metal parts 
 - Inadequate protection of spares 

Leakage 

 - Gas expansion rupture  - Absorption of gas or liquefied gas 
   under high pressure  

 
 
The failure rate of a static seal is a function of actual leakage and the allowable 

leakage under conditions of usage, failure occurring when the rate of leakage reaches a 
predetermined threshold.  This rate, derived empirically, can be expressed as follows: 
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Where:   λSE =  Failure rate of gasket or seal considering operating  

    environment, failures per million hours 

       λSE,B =  Base failure rate of seal or gasket due to random cuts,  
    installation errors, etc. based on field experience data, 
    failures per million hours 

          Qa =  Actual leakage rate, in3/min 

             Qf =  Allowable leakage rate under conditions of usage, in3/min 
 
The allowable leakage, Qf is determined from design drawings, specifications, or 

knowledge of component applications.  The actual leakage rate, Qa , for a seal is 
determined from the standard equation for laminar flow around two curved surfaces 
(Reference 5): 
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Where:         P1 = System or upstream pressure, lbs/in2

P2 = Standard atmospheric pressure or downstream pressure,  
     lbs/in2

        νa = Absolute fluid viscosity, lb-min/in2

         ri = Inside radius of circular interface, in 

           ro  = Outside radius of circular interface, in 

         H = Conductance parameter, in [See Equation (3-4)] 
 
 
For flat seals or gaskets the leakage can be determined from the following equation: 
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Where:   w = Width of non-circular flat seals, in 

      L = Contact length, in 
 
The conductance parameter H is dependent upon contact stress of the two sealing 

surfaces, hardness of the softer material and surface finish of the harder material 
(Reference 5).  First, the contact stress (load/area) is calculated and the ratio of contact 
stress to Meyer hardness of the softer interface material computed.  The surface finish 
of the harder material is then determined.  The conductance parameter is computed 
from the following empirically derived formula: 
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2 /30.23 MH f

C
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             (3-4) 

 
 
Where:         M =  Meyer hardness (or Young's modulus) for rubber 

    and resilient materials, lbs/in2 

          C =  Contact stress, lbs/in2 [See Equation (3-9)] 

            ƒ =  Surface finish, in 
 
 
The surface finish, ƒ, will deteriorate as a function of time at a rate dependent upon 

several factors: 
 

• Seal degradation 
• Contaminant wear coefficient (in3/particle) 
• Number of contaminant particles per in3 
• Flow rate, in3/min 
• Ratio of time the seal is subjected to contaminants under pressure 

• Temperature of operation, οF 
 
The contaminant wear coefficient is an inherent sensitivity factor for the seal or 

gasket based upon performance requirements.  The quantity of contaminants includes 
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those produced by wear and ingestion in components upstream of the seal and after the 
filter. Combining and simplifying terms provides the following equations for the failure 
rate of a seal. 

 
For circular seals: 
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and, for flat seals and gaskets: 
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Where K 1 and K2 are empirically derived constants 

 

3.2.3 Failure Rate Model for Gaskets and Static Seals 

By normalizing the equation to those values for which historical failure rate data 
from the Navy Maintenance and Material Management (3-M) system are available, the 
following model can be derived: 

 
 

,SE SE B P Q DL H F T NC C C C C C C Cνλ λ= • • • • • • • •        (3-7) 
 

 
Where:      λSE = Failure rate of a seal in failures/million hours 

       λSE,B = Base failure rate of seal, 2.4 failures/million hours   

      CP = Multiplying factor which considers the effect of fluid pressure 
     on the base failure rate (Figure 3.8) 

        CQ = Multiplying factor which considers the effect of allowable 
leakage on the base failure rate (See Figure 3.9 or Figure 
3.10) 

         CDL = Multiplying factor which considers the effect of seal size 
    on the base failure rate (See Figure 3.11 or Figure 3.12) 
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      CH = Multiplying factor which considers the effect of contact stress 
    and seal hardness on the base failure rate (See Figure 3.13) 

    CF = Multiplying factor which considers the effect of seat  
               smoothness on the base failure rate (See Figure 3.14) 

           Cν = Multiplying factor which considers the effect of fluid viscosity 
    on the base failure rate (See Table 3-3) 

           CT = Multiplying factor which considers the effect of temperature 
    on the base failure rate (See Figure 3.15) 

           CN = Multiplying factor which considers the effect of contaminants 
    on the base failure rate (See Table 3-4)  

 
 
The base failure rate has been determined from performance data in failures/million 

hours.  Although not normally required for static seals, the base failure rate can be 
converted to failures/million operations based on projected utilization rates to be 
compatible with other failure rate equations in the Handbook. 

 
The parameters in the failure rate equation can be located on an engineering 

drawing, by knowledge of design standards or by actual measurement.  Other design 
parameters which have a minor effect on reliability are included in the base failure rate 
as determined from field performance data.  The following paragraphs provide 
background information on those parameters included in the model. 

3.2.3.1 Fluid Pressure  

Figure 3.8 provides fluid pressure multiplying factors for use in the model.  Fluid 
pressure on a seal will usually be the same as the system pressure. 

The fluid pressure at the sealing interface required to achieve good mating depends 
on the resiliency of the sealing materials and their surface finish.  It is the resilience of 
the seal which insures that adequate sealing stress is maintained while the two surfaces 
move in relation to one another with thermal changes, vibration, shock and other 
changes in the operating environment. The reliability analysis should include verification 
that sufficient pressure will be applied to affect a good seal. 

 
At least three checks should be made to assure the prevention of seal leakage: 
 
  (1)  One surface should remain relatively soft and compliant so that it will 
              readily conform to the irregularities of the harder surface 
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(2)  Sufficient sealing load should be provided to elastically deform the softer 
       of the two sealing surfaces 
 
(3) Sufficient smoothness of both surfaces is maintained so that proper 

mating can be achieved 

3.2.3.2 Allowable Leakage 

Figures 3.9 (liquid) and 3.10 (gas) provide allowable leakage multiplying factors for 
use in Equation 3-7.  Determination of the acceptable amount of leakage which can be 
tolerated at a seal interface can usually be obtained from component specifications.  
The allowable rate is a function of operational requirements and the rate may be 
different for an internal or external leakage path. 

3.2.3.3 Seal Size 

Figure 3.5 shows a typical installation for a seal and the measurements for ri and ro.  
For a gasket, the inside perimeter dimension w and the contact length L are used in the 
equation.  Figures 3.11 and 3.12 show the effect of seal size on reliability.  The inside 
diameter of the seal is used in Figure 3.11 as a close approximation of the seal size. 

3.2.3.4 Conductance Parameter 

Three factors comprise the conductance parameter: 
  (1)  Hardness of the softer material 

  (2)  Contact stress of the seal interface 
  (3)  Surface finish of the harder material 
 
(1) Hardness of the softer material: - In the case of rubber seals and O-rings, the 

hardness of rubber is measured either by durometer or international hardness methods.   
Both hardness test methods are based on the measurement of the penetration of a rigid 
ball into a rubber specimen.  Throughout the seal/gasket industry, the Type A durometer 
is the standard instrument used to measure the hardness of rubber compounds.  The 
durometer has a calibrated spring which forces an indentor point into the test specimen 
against the resistance of the rubber.  The scale of hardness is from 0 degrees for elastic 
modulus of a liquid to 100 degrees for an infinite elastic modulus of a material, such as 
glass.  Readings in International Rubber Hardness Degree (IRHD) are comparable to 
those given by a Type A durometer (Reference18) when testing standard specimens 
per the ASTM methods.  The relationship between the rigid ball penetration and 
durometer reading is shown in Figure 3.3. 
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Figure 3.3  Relation Between International Rubber Hardness 
        Degree (IRHD) and Rigid Ball Penetration 

 
 
Well-vulcanized elastic isotropic materials, like rubber seals manufactured from 

natural rubbers and measured by IRHD methods, have a known relationship to Young's 
modulus.  The relation between a rigid ball penetration and Young's modulus for a 
perfectly elastic isotropic material is (Reference 18): 

 
 

1.35
21 D

PP
p

F P1.90 R
M R

⎛ ⎞
= ⎜ ⎟

⎝ ⎠
            (3-8) 

 
 
Where:     Fl = Indenting force, lbf 

          Mp = Young's modulus, lbs/in2

       RP = Radius of ball, in 

       PD = Penetration, in 
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Standard IRHD testers have a ball radius of 0.047 inches with a total force on the 

ball of 1.243 lbf.  Using these testing parameters, the relationship between seal 
hardness and Young's modulus is shown in Figure 3.4.  Since Young's modulus is 
expressed in lbs/in2 and calculated in the same manner as Meyer's hardness for rigid 
material; then, for rubber materials, Young's modulus and Meyer's hardness can be 
considered equivalent. 
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Figure 3.4  Seal Hardness and Young’s Modulus 
 
 
 (2) Surface finish of the harder material: - The seal gland is the structure which 

retains the seal.  The surface finish on the gland will usually be about 32 microinches for 
elastomer seals, 16 microinches for plastic seals and 8 microinches for metals.  In 
addition to average surface finish, the allowable number and magnitude of flaws in the 
gland must be considered in projecting leakage characteristics.  Flaws such as surface 
cracks, ridges or scratches will have a detrimental effect on seal leakage.  When 
projecting seal and gasket failure rates for different time periods of the equipment life 
cycle, it is important to consider the exposure to contaminants and their effect on 
surface finish.   
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 (3) Contact stress of the seal interface: - Seals deform to mate with rigid surfaces 
by elastic deformation.  Since the deformation of the seal is almost entirely elastic, the 
initially applied seating load must be maintained.  Thus, a load margin must be applied 
to allow for strain relaxation during the life of the seal yet not to the extent that 
permanent deformation takes place.  An evaluation of cold flow characteristics is 
required for determining potential seal leakage of soft plastic materials.  Although 
dependent on surface finish, mating of metal-to-metal surfaces generally requires a 
seating stress of two to three times the yield strength of the softer material.  Figure 3.5 
shows a typical installation of a gasket seal.   

 
If the seal is pressure energized, the force F applied to the seal must be sufficient to 

balance the fluid pressure forces acting on the seal and thus, prevent separation of the 
interface surfaces.  This requirement is determined by the maximum applied fluid 
pressure, geometry of the seal groove and pressure gradient at the interface due to 
leakage.  Motion at the interface is prevented by the radial friction forces at the interface 
to counter the fluid pressure forces tending to radially deform the seal.  Thus, the radial 
restraining force F will be greater than the radial pressure deformation forces.   

 
The contact stress, C, in lbs/in2 can be calculated by: 
 

C
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A

=                  (3-9) 

 
Where:      = Force compressing seals, lb CF
        = Area of seal contact, inSCA 2
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Where:  F  = Maximum allowable force, lb 

     P1  = System pressure, lbs/in2  

        P2  = Standard atmospheric pressure or downstream pressure, lbs/in2 

     ro = Outside seal radius, in 

    ri = Inside seal radius, in   
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Figure 3.5  Typical Seal Installation 

 
For most seals, the maximum allowable force F is normally two and one-half times 

the Young's modulus for the material.  If too soft a material is used, the seal material will 
have insufficient strength to withstand the forces induced by the fluid and will rapidly fail 
by seal blowout.  If the seal is too hard it will not sufficiently deform in the gland and 
immediate leakage will occur. 

3.2.3.5  Fluid Viscosity 

Viscosity of a fluid is much more dependent on temperature then it is on pressure.  
For example, when air pressure is increased from 1 atmosphere to 50, its viscosity is 
only increased by about 10%.  In contrast, Figure 3.6 shows the dependence of 
viscosity on temperature for some common fluids.  The graph shows how viscosity of 
liquids decreases with temperature while that of gases increases with temperature.  
Multiplying factors for the effect of fluid viscosity on the base failure rate of seals and 
gaskets are provided in Table 3-3.  Viscosities for other fluids at the operating 
temperature can be found in referenced sources and the corresponding multiplying 
factor determined using the equation following Table 3-3.   If the value located is in 
terms of kinematic viscosity, multiply the value by the specific gravity (density) at the 
desired temperature to determine the dynamic viscosity.  

3.2.3.6  Operating Temperature 

The operating temperature has a definite effect on the aging process of elastomer 
and rubber seals.  Elevated temperatures, those temperatures above the published 
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acceptable temperature limits, tend to continue the vulcanization or curing process of 
the materials, thereby significantly changing the original characteristics of the seal or 
gasket.  It can cause increased hardening, brittleness, loss of resilience, cracking, and 
excessive wear. Since a change in these characteristics has a definite effect on the 
failure rate of the component, a reliability adjustment must be made. 
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Figure 3.6  Dynamic Viscosities of Various Fluids  
 

 
Manufacturers of rubber seals will specify the maximum temperature, TR, for their 

products.  Typical values of TR are given in Table 3-5.  An operating temperature 
multiplying factor can be derived as follows (Reference 22): 
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Where:     R OT Tt
18
−

=    for  (TR – TO ) ≤  40 oF 

 
     TR  = Maximum rated temperature of material, oF 

     TO = Operating temperature, oF 
 
And:     CT  =  0.21 for  (TR – TO )  > 40 oF 
 

3.2.3.7  Fluid Contaminants 

The quantities of contaminants likely to be generated by upstream components are 
listed in Table 3-4.  The number of contaminants depends upon the design, the 
enclosures surrounding the seal, its physical placement within the system, maintenance 
practices and quality control.  The number of contaminants may have to be estimated 
from experience with similar system designs and operating conditions. 

3.2.3.8  Other Design Analysis Considerations 

Those failure rate considerations not specifically included in the model but rather 
included in the base failure rates are as follows: 

 
• Proper selection of seal materials with appropriate coefficients of thermal 

expansion for the applicable fluid temperature and compatibility with fluid 
medium 

• Potential corrosion from the gland, seal, fluid interface 
• Possibility of the seal rolling in its groove when system surges are 

encountered 
• If O-rings can not be installed or replaced easily they are subject to being 

cut by sharp gland edges 
• Potential periods of dryness between applications of fluid 

 
Other factors which need to be considered as a check list for reliability include: 

• Chemical compatibility between fluid and seal material 
• Thermal stability 
• Appropriate thickness and width of the seal material 
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• Initial and final seating (clamping) force 

3.3  DYNAMIC SEALS 

Dynamic seals are used to control leakage of fluid in those applications where there 
is motion between the sealing surfaces.  O-rings, packings and other seal designs are 
used in dynamic applications. Refer to Section 3.2 for a discussion of seals in general, 
the basic failure modes of seals and the parameters used in the equations to estimate 
the failure rate of a seal.  The following paragraphs discuss the specific failure modes 
and model parameters for dynamic seals.  There are several types of dynamic seals to 
be considered including the contacting types such as lip seals and noncontacting types 
such as labyrinth seals.  A typical contacting type dynamic seal is shown in Figure 3.7.   
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Figure 3.7 Typical Dynamic Seal 
 

 
In this example, the sealing surfaces are perpendicular to the shaft, with contact 

between the primary and mating rings to achieve a dynamic seal.  Each of the sealing 
surfaces is lapped flat to eliminate leakage.  Wear occurs at the dynamic seal faces 
from sliding contact between the primary and mating rings.  The rate of wear is small, as 
a film of the liquid sealed is maintained between the sealing faces.  Preload from a 
spring is required to produce an initial seal, the spring pressure holding the primary and 
mating rings together during shutdown or when there is a lack of liquid pressure.   
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3.3.1 Dynamic Seal Failure Modes 

The dynamic seal may be used to seal many different liquids at various speeds, 
pressures, and temperatures.  The sealing surfaces are perpendicular to the shaft with 
contact between the primary and mating rings to achieve a dynamic seal.  Dynamic 
seals are made of natural and synthetic rubbers, polymers and elastomers, metallic 
compounds, and specialty materials. 

 
The most common modes of seal failure are by fatigue-like surface embrittlement, 

abrasive removal of material, and corrosion.  Wear and sealing efficiency of fluid system 
seals are related to the characteristics of the surrounding operating fluid.  Abrasive 
particles present in the fluid during operation will have a strong influence on the wear 
resistance of seals, the wear rate of the seal increasing with the quantity of 
environmental contamination. Whether the seal is dynamic, rotary, or static, a better 
understanding of the wear mechanism involved will help determine potential seal 
deterioration. For example, contaminants from the environment such as sand can enter 
the fluid system and become embedded in the elastomeric seals causing abrasive 
cutting and damage to shafts. 

 
Dynamic seals typically operate with sliding contact.  Elastomer wear is analogous 

to metal degradation.  However, elastomers are more sensitive to thermal deterioration 
than to mechanical wear.  Hard particles can become embedded in soft elastomeric and 
metal surfaces leading to abrasion of the harder mating surfaces forming the seal, 
resulting in leakage.  Abrasive particles can contribute to seal wear by direct abrasion 
and by plugging screens and orifices creating a loss of lubricant to the seal. 

  
Wear and sealing efficiency of fluid system seals are related to the characteristics of 

the surrounding operating fluid.  Abrasive contaminant particles present in the fluid 
during operation will have a strong influence on the wear resistance of seals.  Hard 
particles, for example, can become embedded in soft elastomeric and metal surfaces 
leading to abrasion of the harder mating surfaces forming the seal, resulting in leakage.    

 
Wear often occurs between the primary ring and mating ring.  This surface contact 

is maintained by a spring.  There is a film of liquid maintained between the sealing 
surfaces to eliminate as much friction as possible.  For most dynamic seals, the three 
common points of sealing contact occur between the following points: 

  (1)  Mating surfaces between primary and mating rings 
  (2)  Between the rotating component and shaft or sleeve 
  (3)  Between the stationary component and the gland plate 
 
The various failure mechanisms and causes for mechanical seals are listed in Table 

3-2.  Wear and sealing efficiency of fluid system seals are related to the characteristics 
of the surrounding operating fluid.  Abrasive particles present in the fluid during 
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operation will have a strong influence on the wear resistance of seals.  Seals typically 
operate with sliding contact.  Elastomer wear is analogous to metal degradation.  
However, elastomers are more sensitive to thermal deterioration than to mechanical 
wear.  Hard particles can become embedded in soft elastomeric and metal surfaces 
leading to abrasion of the harder mating surfaces forming the seal, resulting in leakage.    

 
 

Table 3-2.  Typical Failure Mechanisms and Causes 
                   For Dynamic Seals  (Also see Table 3-1) 

 
FAILURE MODE FAILURE MECHANISMS FAILURE CAUSES 

 
  Wear   -  Misalignment 

  -  Shaft out-of-roundness 
  -  Excessive shaft end play 
  -  Excessive torque 
  -  Surface finish 
  -  Contaminants 
  -  Inadequate lubrication 

  Dynamic instability  - Misalignment 

  Embrittlement  - Contaminants 
 - Fluid/seal incompatibility 
 - Thermal degradation 
 - Idle periods between use 

Spring Failure -  See Chapter 4, Table 4-1 

Fracture -  Stress-corrosion cracking 
-  Excessive PV value 
-  Excessive fluid pressure on seal 

Edge chipping -  Excessive shaft deflection 
-  Seal faces out-of-square 
-  Excessive shaft whip 

Axial shear -  Excessive pressure loading 

 
   Leakage 

Torsional shear -  Excessive torque due to 
   improper lubrication 
-  Excessive fluid pressure 
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An additional important seal design consideration is seal balance. Seal balance 
refers to the difference between the pressure of the fluid being sealed and the contact 
pressure between the seal faces.  It is the ratio of hydraulic closing area to seal face 
area (parameter k in Equation (3-13).  A balanced seal is designed so that the effective 
contact pressure is always less than the fluid pressure, reducing friction at the seal 
faces.  The result is less rubbing wear, less heat generated and higher fluid pressure 
capability.  In an unbalanced seal, fluid pressure is not relieved by the face geometry, 
the seal faces withstand full system fluid pressure in addition to spring pressure and the 
face contact pressure is greater than or equal to fluid pressure.  

 
Seal balance then is a performance characteristic that measures how effective the 

seal mating surfaces match.  If not effectively matched, the seal load at the dynamic 
facing may be too high causing the liquid film to be squeezed out and vaporized, thus 
causing a high wear rate.  The fluid pressure from one side of the primary ring causes a 
certain amount of force to impinge on the dynamic seal face.  The dynamic facing 
pressure can be controlled by manipulating the hydraulic closing area with a shoulder 
on a sleeve or by seal hardware.  By increasing the area, the sealing force is increased. 
  

3.3.2  Pressure Velocity  

Of greatest importance with dynamic seals is a properly designed seal face.  The 
mating surfaces are usually made from different materials.  The proper materials must 
be matched so that excessive heat isn't generated from the dynamic motion of the seal 
faces.  Too much heat can cause thermal distortions on the face of the seal and cause 
gaps which can increase the leakage rate.  It can also cause material changes that can 
significantly increase the seal wear rate.  Therefore, a careful review of the seal material 
should be made for each surface of the dynamic seal face.  Equation (3-12) (Reference 
26) includes such coefficients of friction and wear rate. Table 3-6 shows frictional values 
for various seal face materials. 

 
 

1 OSQ C PV a= i i iμ              (3-12) 
 
 
Where:     QS  = Heat input from the seal, BTU/hour 

       C1 = Numerical constant, 0.077  

          PV  = Pressure-velocity coefficient [See Equation (3-13)] 

          μ  = Coefficient of friction (See Table 3-6) 

           ao  = Seal face area, in2
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Two important parameters that effect seal wear are seal face pressure and fluid 
velocity.  These parameters multiplied together provide a "PV" factor.  The following 
equation defines the "PV" factor. 

 

12
PV DP d V kπ

= i i i i            (3-13) 

 
 
Where:     DP = Pressure differential across seal face, lbs/in2

           d = Diameter of face seal, inches 

           V = Operating speed, rpm 

             k = Degree of seal unbalance  

 
The frictional aspects of materials are not only important from a reliability viewpoint.  

Performance must also be considered.  The more resistance a system incurs, the more 
power is lost and also the lower the efficiency value for the component.   

 
There should be special consideration for tradeoffs involved with each type of seal 

material.  For example, solid silicon carbide has excellent abrasion resistance, good 
corrosion resistance, and moderate thermal shock resistance.  This material has better 
qualities than a carbon-graphite base material but has a PV value of 500,000 lb/in-min 
while carbon-graphite has a 50,000 lb/in-min PV value.  With all other values being the 
same, the heat generated would be five times greater for solid silicon carbide than for 
carbon-graphite materials.  The required cooling flow to the solid silicon carbide seal 
would be larger to maintain the film thickness on the dynamic seal faces.  If this cooling 
flow can't be maintained, then an increase in wear would occur due to higher surface 
temperatures.  The analyst should perform tradeoff analysis for each candidate design 
to maximize reliability. 

3.3.3  Failure Rate Model for Dynamic Seals 

Most of the seal modifying factors will remain the same as the ones previously 
specified by Equation (3-7), the exceptions being surface finish (See Section 3.3.3.1) 
and the addition of the PV factor (See Section 3.3.3.2).  The seal model is modified as 
shown in Equation (3-14). 

 
 

,SE SE B Q H F T N PVC C C C C C C= i i i i i i iνλ λ         (3-14) 
 
 

Where:    λSE = Failure rate of a seal in failures/million hours 
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     λSE,B = Base failure rate of seal, 2.4 failures/million hours   

         CQ = Multiplying factor which considers the effect of allowable 
leakage on the base failure rate (See Figure 3.9 or 3.10) and 
Section 3.2.3.2

        CH = Multiplying factor which considers the effect of contact stress  
and seal hardness on the base failure rate (See Figure 3.13) 
and Section 3.2.3.4

        CF = Multiplying factor which considers the effect of surface finish on 
the base failure rate (See Sections 3.3.3.1, 3.2.3.4 and Figure 
3.14) 

       Cν = Multiplying factor which considers the effect of fluid viscosity 
on the base failure rate (See Table 3-3 and Section 3.2.3.5) 

CT = Multiplying factor which considers the effect of seal face  
temperature on the base failure rate (See Figure 3.15 and 
Section 3.2.3.6) 

       CN = Multiplying factor which considers the effect of contaminants 
on the base failure rate (See Table 3-4 and Section 3.2.3.7 ) 

      CPV = Multiplying factor which considers the effect of the pressure- 
velocity coefficient on the base failure rate (See Sections 3.3.2 
and 3.3.3.2)      

3.3.3.1  Surface Finish Multiplying Factor - Dynamic Seals 

Surface irregularities of dynamic seals may be more pronounced than static seals.  
In dynamic seal applications where the seal mates with a shaft, shaft hardness, 
smoothness and material are factors which must be considered in the design evaluation 
process.  Maximum seal efficiency and life are obtained with a finely finished gland 
surface, usually in the 10 to 20 microinch range.  A metal surface finish of less than 8 
microinches rms increases the total frictional drag of a compound moving against it.  
The degree to which the finish can be maintained in the operating range must be 
considered when determining the surface finish of the gland for use in the model.  
Figure 3.14 provides a value for the surface finish multiplying factor as a function of the 
surface finish.  
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3.3.3.2  Fluid Contaminant Multiplying Factor – Dynamic Seals  

When a cylinder rod extends out into a dirty environment where it can pick up dirt, 
lint, metal chips and other contaminants, this foreign material can nullify the benefits of 
the lubricant  and cause rapid abrasive wear of both the O-ring and the rod.  Equipment 
exposed to such conditions should contain a wiper ring to prevent the foreign material 
from reaching the O-ring.  A felt ring is usually installed between the wiper and the seal 
to maintain lubrication of the rod during its return stroke.    

 
Table 3-8 provides some example multiplying factors for various operating 

environments  

3.3.3.3  PV Multiplying Factor 

CPV is the multiplying factor that multiplies the base failure rate by the ratio of PV 
value for actual seal operation to design PV value.  The values for PVDS and PVOP used 
in Equation (3-15) will use the PV formulation in Equation (3-13). 

 
 

OP
PV

DS

PVC
PV

=               (3-15) 

 
Where:   PVOP   =  PV  factor for the original design 

         PVDS    =  PV  factor for actual seal operation 
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Figure 3.8  Fluid Pressure Multiplying Factor, Cp 
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Figure 3.9  Allowable Leakage Multiplying Factor, CQ 
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Figure 3.10  Allowable Leakage Multiplying Factor, CQ 
 (Gas Valve Applications) 
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               CDL = 1.1 DSL + 0.32 
 
  Where: DSL = Inner diameter of seal 
 
 
 
 

 
 
 
 
 

Figure 3.11  Seal Diameter Multiplying Factors 
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  Where:   L = Total linear length of gasket 
 
      w = Minimum width of gasket 
 
 
 
 

 
Figure 3.12  Gasket Size Multiplying Factors 
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Figure 3.13    Material Hardness/Contact Pressure 
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Figure 3.14     Surface Finish Multiplying Factor, CF 
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Where:  
( )R oT - T

18
t =     for  (TR – TO)  ≤  40 oF 

 
and:         for (TTC 0.2= 1 R – TO)  > 40 oF 

 
TR = Rated Temperature of Seal, oF  (See Table 3-6) 

               TO = Operating Temperature of Seal, oF 
     

 
Figure 3.15  Temperature Multiplying Factor, CT 
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Table 3-3.  Fluid Viscosity/Temperature Multiplying Factor, Cν   

for Typical Fluids 
 

Cν 

                                         Fluid Temperature,  oF 

 
 
 

FLUID 

-50 0 50 100 150 200 250 300 350 

Air 554.0 503.4 462.9 430.1 402.6 379.4 359.5 --- --- 

Oxygen 504.6 457.8 420.6 390.2 365.9 343.6 325.3 --- --- 

Nitrogen 580.0 528.0 486.5 452.6 424.3 400.0 379.6 --- --- 

Carbon Dioxide --- --- 0.7 0.8 0.9 0.9 --- --- --- 

Water --- --- 6.309 12.15 19.43 27.30 --- --- --- 

SAE 10 Oil --- --- 0.060 0.250 0.750 1.690 2.650 --- --- 

SAE 20 Oil --- --- 0.0314 0.167 0.492 1.183 2.213 2.861 5.204 

SAE 30 Oil --- --- 0.0297 0.1129 0.3519 0.8511 1.768 2.861 4.309 

SAE 40 Oil --- --- 0.0122 0.0534 0.2462 0.6718 1.325 2.221 3.387 

SAE 50 Oil --- --- 0.0037 0.0326 0.1251 0.3986 0.8509 1.657 2.654 

SAE 90 Oil --- --- 0.0012 0.0189 0.0973 0.3322 0.7855 1.515 2.591 

Diesel Fuel 0.1617 0.7492 2.089 3.847 6.228 9.169 12.78 16.31 --- 

MIL-H-83282 0.0031 0.0432 0.2137 0.6643 1.421 2.585 4.063 0.6114 0.7766

MIL-H-5606 0.0188 0.0951 0.2829 0.6228 1.108 1.783 2.719 3.628 4.880 

 
--- Data for these temperatures determined to be unreliable 
 

OCν
ν
ν

⎛ ⎞= ⎜
⎝ ⎠

⎟                   

 

Where:  νo  =  2 x 10-8  lbf-min/in2

    ν = Dynamic viscosity of fluid being used, lbf-min/in2
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Table 3-4.  Contaminant Multiplying Factor, CN 

 

NUMBER PARTICLES UNDER 10 
MICRON PER HOUR (N10) 

 
HYDRAULIC COMPONENT 
PRODUCING PARTICLES 

 
PARTICLE 
MATERIAL PER GPM PER LPM 

Piston Pump steel 0.017 0.0045 

Gear Pump steel 0.019 0.0050 

Vane Pump steel 0.006 0.0016 

Cylinder steel 0.008 0.0021 

Sliding action valve  steel 0.0004 0.00011 

Hose rubber 0.0013 0.00034 

 
3

O
N 10

10

CC N G
C

⎛ ⎞
= ⎜ ⎟

⎝ ⎠
RPM    or   

3

O
N 10

10

CC N L
C

⎛ ⎞
= ⎜ ⎟

⎝ ⎠
RPM  

 
Where:        Co  =  System filter size in microns 

         C10  =  Standard system filter size = 10 micron 

     GPMR  =  Rated flow in gallons/min 
      LPMR  =  Rated flow in liters/min 

     N10  =  Particles/hour/rated GPM or particles/hour/rated LPM  

                                for gas valve applications  
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Table 3-5.     TR Values for Typical Seal Materials (Reference 27) 
 

SEAL MATERIAL TR (OF) 

Natural rubber 
Ethylene propylene 
Neoprene 
Nitrile 
Polyacrylate 
Fluorosilicon 
Fluorocarbon 
Silicon rubbers 
Butyl rubber 
Urethane 
Fluroelastomers 
Fluroplastics 
Leather 

       Impregnated poromeric material 

160 
250 
250 
250 
300 
450 
475 
450 
250 
210 
500 
500 
200 

       250 

 
 
 
                Table 3-6.  Coefficient of Friction for Various Seal Face Materials 
 

 

SLIDING MATERIALS 

ROTATING STATIONARY 

 
COEFFICIENT OF 

FRICTION (μ) 

    Carbon-graphite  
      (resin filled) 

 
 

      
 

  -  Cast Iron 
  -  Ceramic 
  -  Tungsten Carbide 
  -  Silicon Carbide 
  -  Silicon Carbide Converted 

Carbon 

0.07 
0.07 
0.07 
0.02 
 

       0.015 

Silicon carbide   -  Tungsten Carbide 
  -  Silicon Carbide Converted 

Carbon 
  -  Silicon Carbide 
  -  Tungsten Carbide 

0.02 
 
0.05 
0.02 
0.08 
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Table 3-7.  Pressure Gradient for Various Solutions 

 
 

LIQUID SEALED     k 

Light-specific-gravity fluids 
Water-base solutions 

       Oil-base solutions 
        Hydraulic fluids 

0.3 
0.5 

       0.7 
       0.3 

 
 

Table 3-8.  Contaminant Multiplying Factor for Dynamic Seals, CN 
 

Dynamic Seal Operating Environment CN 
Mild environment, internal operation 
Harsh environment salt spray, sand, dust 

1.0 
4.0 
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4.1  INTRODUCTION 

Mechanical springs are used in machine designs to exert force, provide flexibility, 
and to store or absorb energy.  Springs are manufactured for many different 
applications such as compression, extension, torsion, power, and constant force.  
Depending on the application, a spring may be in a static, cyclic or dynamic operating 
mode.  A spring is usually considered to be static if a change in deflection or load 
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occurs only a few times, such as less than 10,000 cycles during the expected life of the 
spring.  A static spring may remain loaded for very long periods of time.  Cyclic springs 
are flexed repeatedly and can be expected to exhibit a higher failure rate due to fatigue.  
Dynamic loading refers to those intermittent occurrences of a load surge such as a 
shock absorber inducing higher than normal stresses on the spring. 

 
The reliability of a spring will depend not only on the material and design 

characteristics, but to a great extent on the operating environment.  Most springs are 
made of steel and therefore corrosion protection has a significant impact on reliability.  
Material properties, the processes used in the manufacturing of the spring, operating 
temperature, and corrosive media must all be known before any estimate of spring 
reliability can be made. 
 
4.2  FAILURE MODES 

The operating life of a mechanical spring arrangement is dependent upon the 
susceptibility of the materials to corrosion and stress levels (static, cyclic or dynamic).  
The most common failure modes for springs are fracture due to fatigue and excessive 
loss of load due to stress relaxation.  Table 4-1 is a list of failure mechanisms and 
causes of spring failure.  Other failure mechanisms and causes may be identified for a 
specific application to assure that all considerations of reliability are included in the 
prediction.  Typical failure rate considerations include: level of loading, operating 
temperature, cycling rate and corrosive environment. 

 
 

Table 4-1.  Failure Modes for a Mechanical Spring 
 

APPLICATION FAILURE MODES FAILURE CAUSES 
- Static (constant             
deflection or constant 
load) 

- Load loss 
- Creep 
- Set 

- Parameter change 
- Hydrogen embrittlement 

- Cyclic  (unidirectional or 
reverse stress, 10,000 
cycles or more during the 
life of the spring) 

- Fracture 
 

- Material flaws 
- Hydrogen embrittlement 
- Stress concentration due
  to tooling marks and 
  rough finishes 
- Corrosion 
- Misalignment 

- Dynamic - Fracture -  Maximum load ratio 
exceeded 
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In many applications, compression and extension springs are subjected to elevated 
temperatures at high stresses which can result in relaxation or loss of load.  This 
condition is often referred to as "set".  After the operating conditions are determined, set 
can be predicted and allowances made in the spring design.  When no set is allowed in 
the application, the spring manufacturer may be able to preset the spring at 
temperatures and stresses higher than those to be encountered in the operating 
environment. 
 

Most extension spring failures occur in the area of the spring end.  For maximum 
reliability, the spring wire must be smooth with a gradual flow into the end without tool 
marks or other stress risers.  The spring ends should be made as an integral part of the 
coil winding operation and the bend radius should be at least one and one-half times the 
wire diameter.  

 
The S10 value for a spring is the number of cycles that 90% of the springs operating 

at the published stress level can be expected to complete or exceed before exhibiting 
the first evidence of fatigue.  If an S10 value for the spring can be obtained, this value 
should be used in conjunction with the environmental multiplying factors contained in 
this Chapter.  The procedure for estimating spring failure rates contained herein is 
intended to be used in the absence of specific S10 data. 

 
4.3  FAILURE RATE CONSIDERATIONS 

The following paragraphs describe the terms and parameters used in developing 
failure rate equations for springs. 

 
4.3.1 Static Springs 

 
Static springs can be used in constant deflection or constant load applications.  A 

constant deflection spring is cycled through a specified deflection range, the loads on 
the spring causing some set or relaxation which in turn lowers the applied stress.  The 
spring may relax with time and reduce the applied load.  Under constant load 
conditions, the load applied to the spring does not change during operation.  Constant 
load springs may set or creep, but the applied stress is constant.  The constant stress 
may result in fatigue lives shorter than those found in constant deflection applications.   

 
4.3.2   Cyclic Springs 

 
Cyclic springs can be classified as being unidirectional or reverse loaded.  In one 

case, the stress is always applied in the same direction, while in the other, stress is 
applied first in one direction then in the opposite direction.  Figure 4.18 shows the 
relationship between the cycle rate of a spring and its effect on failure rate. 
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4.3.3   Modulus of Rigidity 
 
The modulus of rigidity (GM) is a material property defining the resistance to 

shearing stresses for the spring material, the ratio of shearing stress to shear strain.  
Typical values are provided in Table 4-2. 

 
4.3.4   Modulus of Elasticity 

 
The modulus of elasticity provides a measure of elasticity in tension for the spring 

material.  Typical values are provided in Table 4-2.  
 

4.3.5   Spring Index 
 
Spring index (r) is the ratio of mean coil diameter to wire diameter.  A spring with a 

high index will tend to tangle or buckle.   
 

4.3.6   Spring Rate 
 
Spring rate (R) is the change in load per unit deflection, a measure of spring 

relaxation. 
 

4.3.7   Shaped Springs 
 
If the spring has a variable diameter such as occurs for conical, barrel and 

hourglass springs, the spring can be divided analytically into smaller increments and the 
failure rate calculated for each.  The failure rate for the total spring is computed by 
adding the rates for the increments. 

 
4.3.8   Number of Active Coils 

 
For compression springs with closed ends, either ground or not ground, the number 

of active coils is two less than the total number of coils.  There is some activity in the 
end coils, but during deflection, some active material comes in contact with the end coils 
and becomes inactive.  Therefore, the total number of coils minus two is a good 
approximation for the number of active coils.  For extension springs, all coils are active.   

 
4.3.9   Tensile Strength 

 
The tensile strength provides a measure of spring material deformation or set as a 

function of stress.  Values of tensile strength are included in Table 4-3. 
 

4.3.10   Corrosive Environment 
 
Corrosion will reduce the load-carrying capability of a spring and its life.  The 

precise effect of a corrosive environment on spring performance is difficult to predict.  
The reliability of a spring in terms of fatigue life and load-carrying ability will be affected 
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by corrosion, the quantitative effect being very hard to predict.  Springs are almost 
always in contact with other metal parts.  If a spring is to be subjected to a corrosive 
environment, the use of inert materials provides the best defense against corrosion.  
Protective coatings can also be applied.  In special situations, shot peening can be used 
to prevent stress corrosion and cathodic protection systems can be used to prevent 
general corrosion.  The spring material is normally more noble (chemically resistant to 
corrosion) than the structural components in contact with it because the lesser noble 
alloy will be attacked by the electrolyte.  The effects of corrosion on spring reliability 
must be based on experience data considering the extent of a corrosive environment.  If 
corrosive protection is known to be applied to the spring during the manufacturing 
process, a multiplying factor, CR, of 1.0 is used in conjunction with the base failure rate.  
Values of CR greater than 1.0 are used based on the user's experience with the spring 
and the operating environment. 

 
4.3.11   Manufacturing Processes 

 
The following effects of manufacturing processes need to be considered in 

evaluating a design for reliability: 
 

• Sharp corners and similar stress risers should be minimized. 
• The hardness of the spring material can be sensitive to plating and baking 

operations.  Quality control procedures for these operations should be 
reviewed. A multiplying factor, CM, of 1.0 should be used in conjunction 
with the base failure rate for known acceptable quality control procedures; 
otherwise a higher value for the multiplying factor should be used based 
on previous experience with the manufacturer. 

 
 

4.3.12   Other Reliability Considerations for Springs 
 
The most common failure modes of springs include fracture due to fatigue and 

excessive loss of load.  A reliability analysis should include a review of the following 
items to assure maximum possible life: 

 
• When a spring is loaded or unloaded, a surge wave may transmit 

torsional stress to the point of restraint.  The impact velocity should 
be determined to assure that the maximum load rating of the spring 
is not exceeded. 

• Operating temperature should be determined. Both high and low 
temperature conditions may require consideration of specialized 
materials. 

• Exposure to electrical fields may magnetize the spring material and 
cause fatigue failure. 

 



4.4     FAILURE RATE MODELS 

4.4.1   Compression Springs 
 
The compression spring is the most commonly used spring in machine designs.  An 

example of a compression spring is shown in Figure 4.1. 
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Figure 4.1  Typical Helical Compression Spring 
 
 
The failure rate of a compression spring depends upon the stress on the spring and 

the relaxation provided by the material.  This relaxation (change in load per unit 
deflection) is referred to as the spring rate, R.  The spring rate for a compression spring 
is calculated using Equation (4-1).   
 
 

( )
( )

4

3
1 2

M W L

C a

G D PR
L L8 D N

= =
−

     (4-1) 

 
Where:      R =   Spring rate, lbs/in 

     GM =   Modulus of rigidity, lbs/in2

     DW =   Wire diameter, in 

      Dc =   Mean diameter of spring, in 

      Na =   Number of active coils (See Section 4.3.8) 

      PL =   Load, lbs 

      L1 =   Initial length of spring, in 

      L2 =   Final deflection of spring, in 
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The spring rate can be determined experimentally by deflecting the spring to 20% of 
available deflection and measuring the load (P1) and spring length (L1).  Next, the 
spring is deflected to 80% of available deflection measuring the load (P2) and spring 
length (L2), being certain that no coils other than the closed ends are touching.  The 
spring rate is then calculated as follows: 

 
2 1

1 2 1

LP P PR
2L L L L

−
= =

− −
     (4-2) 

 
Stress in the spring is also proportional to the load, PL according to the following 

relationship: 
 

3
L C

G
W

8 P DS
Dπ

= WK      (4-3) 

 
Where:         SG =   Spring stress, lbs/in2  

         KW =   Spring concentration factor (See equation 4-4) 

            Dc =   Mean coil diameter, in 

                 DW =   Wire Diameter, in 

 
The spring concentration factor, KW  is a function of the Spring index (ratio of the 

coil diameter to wire diameter).   
 

W
4r 1 0.615K
4r 4 r

−
= +

−
     (4-4) 

 
 
Where:        r =   Spring index = Dc / Dw
   
 
PL in Equation (4-1) can be substituted into Equation (4-3) for a stress level 

equation, and the spring failure rate can be determined from a ratio of stress level to the 
material tensile strength according to the following empirically derived relationship 
(Reference 14): 

 
 

3 3

, , 3

8G L C
SP SP B SP B

S S

S P D
T T

λ λ λ
π

⎛ ⎞ ⎛ ⎞
= =⎜ ⎟ ⎜ ⎟

⎝ ⎠ ⎝ ⎠
W

W

K
D

       (4-5) 
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Where:      λSP =   Failure rate of spring, failures/million hours 

            λSP,B =   Base failure rate for spring, 23.8 failures/million hours   

                 TS =   Material tensile strength, lbs/in2

 
A generalized equation that adjusts the base failure rate of a compression spring 

considering anticipated operating conditions can be established:   
 
 

,SP SP B G DW DC N Y L K CS R MC C C C C C C C C Cλ λ= • • • • • • • • • •   (4-6) 
 
 
Where:      CG =   Multiplying factor which considers the effect of the material 

     rigidity modulus on the base failure rate (See Table 4-2) 

    CDW =   Multiplying factor which considers the effect of the wire diameter 
                               on the base failure rate (See Figure 4.8) 

     CDC =   Multiplying factor which considers the effect of coil diameter on 
                               the base failure rate (See Figure 4.9) 

       CN =   Multiplying factor which considers the effect of the number of 
                               active coils on the base failure rate (See Figure 4.10) 

       CY =   Multiplying factor which considers the effect of material tensile 
                               strength, Ts, on the base failure rate (See Table 4-3) 

       CL =   Multiplying factor which considers the effect of spring deflection 
                               on the base failure rate (See Figure 4.11) 

       CK =   Multiplying factor which includes the spring concentration factor 
                               on the base failure rate (See Figure 4.12) 

      CCS =   Multiplying factor which considers the effect of spring cycle rate 
                               on the base failure rate (See Figure 4.18) 

       CR =   Multiplying factor which considers the effect of a corrosive  
                               environment on the base failure rate (See Section 4.3.10) 

       CM =   Multiplying factor which considers the effect of the  
     manufacturing process on the base failure rate (See  
     Section 4.3.11) 

 
The parameters in the failure rate equation can be located on an engineering 

drawing by knowledge of design standards or by actual measurements.  Other 
manufacturing, quality, and maintenance contributions to failure rate are included in the 
base failure rate as determined from field performance data.  
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4.4.2   Extension Springs 
 
Helical extension springs store energy in spring tensioning devices and are used to 

exert a pulling force.  Most helical extension springs are coiled with initial tension, equal 
to the minimum force required to separate adjacent coils.  Extension springs require a 
method of attachment to other parts of the assembly.  For extension springs, all coils 
are active and Na will be equal to the number of coils.  Otherwise, the failure rate 
equations for extension springs are similar to compression springs and the procedures 
in Section 4.4.1 should be used. 

 
4.4.3   Torsion Springs  

 
Helical torsion springs are used to apply a torque or store rotational energy, the 

most common application, the clothes pin.  Torsion springs are stressed in bending as 
shown in Figure 4.2.  A torsion spring should always be loaded in a direction that 
causes its body diameter to decrease because of increased stresses when the spring is 
loaded in a direction which increases body diameter.   

 

Body length, L2

O
.D

.

I.D
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Dw

θ

I

 
 

Figure 4.2  Typical Helical Torsion Spring 
 
 
The mean diameter of a helical torsion spring is equal to: 
 
 

I
ID ODD

2
+

=       (4--7) 

 
The spring diameter will change with deflection according to the following equation: 
 
 

Springs  Revision C 4-9 



I
C

a

aD ND
N θ

=
+

      (4-8) 

 
 
Where:     DC =  Mean diameter after deflection     

    DI =   Initial mean diameter, in. 

        θ =   Angular deflection from free position, revolutions 

      Na =   Number of active coils 

 
Most torsion springs are close-wound, with body length equal to wire diameter 

multiplied by the number of turns plus one.  When the spring is deflected in a direction 
which reduces its coil diameter, body length increases to L2 according to the following 
equation: 

 
( )2 W aL D N 1 θ= + +       (4-9) 

 
Where:     DW =   Wire diameter, in 
 
 
Stress in torsion springs is due to bending and for round wire is calculated with the 

following equation: 
 
 

M W

I a

3 E DS
D N

θ
π

=       (4-10) 

 
 
Where:       S =   Bending stress, lbs/in2  

      EM =   Modulus of Elasticity, lbs/in2

      DW =   Wire diameter, in 

      θ  =   Angular deflection, revolutions 

     DI =   Mean diameter of spring, in 

      Na =   Number of active coils (See Section 4.3.8) 

 
The equation to determine the failure rate of a torsion spring can be written as 

follows: 
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S

S
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T
λ λ

⎛ ⎞
= ⎜ ⎟

⎝ ⎠
i i i     (4-11) 

 
or:   

 
,SP SP B E DW N Y L CS DC R MC C C C C C C C Cλ λ= • • • • • • • • •   (4-12) 

 
 
Where:    λSP =   Failure rate of spring, failures/million hours 

   λSP,B =   Base failure rate for spring, 14.3 failures/million hours  

      CE =   Multiplying factor which considers the effect of the material  
     elasticity modulus on the base failure rate (See Table 4-2) 

    CDW =   Multiplying factor which considers the effect of the wire diameter 
     on the base failure rate (See Figure 4.8) 

       CN =   Multiplying factor which considers the effect of the number of 
     active coils on the base failure rate (See Figure 4.10) 

       CY =   Multiplying factor which considers the effect of material tensile  
     strength on the base failure rate (See Table 4-3) 

       CL =   Multiplying factor which considers the effect of spring deflection 
     on the base failure rate (See Figure 4.13) 

      CCS =   Multiplying factor which considers the effect of spring cycle rate 
     on the base failure rate (See Figure 4.18) 

  CDC =   Multiplying factor which considers the effect of coil diameter on 
     the base failure rate (See Figure 4.19) 

       CR =   Multiplying factor which considers the effect of a corrosive 
     environment on the base failure rate (See Section 4.3.10) 

      CM =   Multiplying factor which considers the effect of the  
     manufacturing process on the base failure rate (See Section  
     4.3.11) 

 
 

4.4.4    Curved Washers 
 
Curved washers are used to secure fasteners, distribute loads, absorb vibrations 

and axial end play, and other similar applications.  A typical curved washer is shown in 
Figure 4.3.  A special type of curved washer, the Belleville washer, is discussed in 
Section 4.4.6.  When a load is applied to a curved washer it tends to flatten causing 
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radial and circumferential strains.  This elastic deformation constitutes the spring action.  
Stress is not distributed uniformly in curved washers, the greatest stress occurring at 
the convex inner edge.  Curved washers exert a relatively light thrust load.  Bearing 
surfaces should be hard to prevent washer corners from scoring the shaft.   
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Figure 4.3  Typical Curved Washer 
 
 
 
The stress on a curved washer is: 
 

( )2
M6 E

OD

fS t
=       (4-13) 

 
 
Where:       S =   Bending stress, lb/in2

     EM =   Modulus of Elasticity, lb/in2

        f =   Washer deflection, in 

        t =   Washer thickness, in 

    OD =   Outside Diameter, in 

 
     The failure rate of a curved washer is determined using the following equation: 
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i i i     (4-11) ref 

 
 
or: 

,SP SP B E D Y f CS R MtC C C C C C C Cλ λ= • • • • • • ••    (4-14) 
 
 

Where:     λSP   =   Failure rate of spring, failures/million hours  

   λSP,B  =   Base failure rate for spring, 1.1 failures/million hours  

      CE =   Multiplying factor which considers the effect of the material 
      elasticity modulus on the base failure rate (See Table 4-2) 

       Ct =   Multiplying factor which considers the effect of the material 
      thickness on the base failure rate (See Figure 4.14) 

      CD =   Multiplying factor which considers the effect of washer diameter 
              on the base failure rate (See Figure 4.15) 

    CY =   Multiplying factor which considers the effect of material tensile 
                 strength n the base failure rate (See Table 4-3) 

       Cf =   Multiplying factor which considers the effect of washer deflection 
             on the base failure rate (See Figure 4.16) 

     CCS =   Multiplying factor which considers the effect of spring cycle rate 
      on the base failure rate (See Figure 4.18) 

      CR =   Multiplying factor which considers the effect of a corrosive  
      environment on the base failure rate (See Section 4.3.10) 

     CM =   Multiplying factor which considers the effect of the 
      manufacturing process on the base failure rate (See 
      Section 4.3.11) 

 
 

4.4.5    Wave Washer 
 
Wave washers are used to apply moderate thrust loads when radial space is 

limited.  A typical wave washer is shown in Figure 4.4.   
 
The stress on a wave washer is given by: 
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⎝ ⎠D ⎟      (4-15) 

 
 
Where:      S =   Bending stress, lbs/in2

     EM =   Modulus of Elasticity, lbs/in2

       f =   Deflection, in 

       t =   Material thickness, in 

      N =   Number of waves 

    D =   Mean diameter, in = (OD + ID)/2 

 OD =   Outside Diameter, in 

     ID =   Inside Diameter, in 
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Figure 4.4  Typical Wave Washer 
 
 
The failure rate of a wave washer is determined using the following equation: 
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⎛ ⎞
= ⎜ ⎟
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i i i    (4-11) ref 

 
or:  
 

,SP SP B E t D Y f NW CS R MC C C C C C C C C= i i i i i i i i iλ λ                 (4-16) 
 
 

Where:   λSP =   Failure rate of spring, failures/million hours  

  λSP,B =   Base failure rate for spring,  1.9 failures/million hours  

      CE =   Multiplying factor which considers the effect of the material 
      elasticity modulus on the base failure rate (See Table 4-2) 

       Ct =   Multiplying factor which considers the effect of the material 
      thickness on the base failure rate (See Figure 4.14) 

      CD =   Multiplying factor which considers the effect of washer 
      diameter on the base failure rate (See Figure 4.15) 

      CY =   Multiplying factor which considers the effect of material 
      tensile strength on the base failure rate (See Table 4-3) 

      Cf =   Multiplying factor which considers the effect of washer 
     deflection on the base failure rate (See Figure 4.16) 

    CNW =   Multiplying Factor which considers the number of waves 
      on the base failure rate (See Table 4-4) 

     CCS =   Multiplying factor which considers the effect of cycle rate 
      on the base failure rate (See Figure 4.18) 

      CR =   Multiplying factor which considers the effect of a corrosive  
      environment on the base failure rate (See Section 4.3.10) 

      CM =   Multiplying factor which considers the effect of the 
manufacturing process on the base failure rate (See Section    
4.3.11) 

 
 

4.4.6   Belleville Washer 
 
When a load is applied to a Belleville washer it tends to flatten causing radial and 

circumferential strains.  This elastic deformation creates the spring action.  A typical 
Belleville washer is shown in Figure 4.5.  Belleville washers are capable of providing 
very high loads at small deflections.  Stress is not distributed uniformly in Belleville 
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washers.  The highest stress occurs at the top inner edge and can be estimated with the 
following equation: 

 
 

2
ME f RS

1
t

aμ
⎛ ⎞= • ⎜− ⎝ ⎠2 ⎟      (4-17) 

 
 
Where:      S =   Bending stress, lbs/in2

     EM =   Modulus of Elasticity, lbs/in2

       f =   Deflection, in 

       μ =   Poisson's Ratio 

       R =   Dimension factor (See Figure 4.17) 

         t =   Material thickness, in 

        a =   O.D./2, in 
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Figure 4.5  Typical Belleville Washer 
 
      
The failure rate of a Belleville washer is determined using the following equation: 
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or: 
 
 

,SP SP B E D Y S CS R MftC C C C C C C C C= i i i i i i i i iλ λ   (4-18) 
   
 
Where:    λSP =   Failure rate of spring, failures/million hours  

   λSP,B =   Base failure rate for spring, 2.6 failures/million hours  

      CE =   Multiplying factor which considers the effect of the material 
      elasticity modulus on the base failure rate (See Table 4-2) 

      Ct =   Multiplying factor which considers the effect of material 
      thickness on the base failure rate (See Figure 4.14) 

      CD =   Multiplying factor which considers the effect of washer size 
      on the base failure rate (See Figure 4.15) 

      Cf =   Multiplying factor which considers the effect of washer deflection 
      under load on the base failure rate (See Figure 4.16) 

      CY =   Multiplying factor which considers the effect of material 
      tensile strength on the base failure rate (See Table 4-3) 

      CS =   Multiplying factor for compressive stress (See Figure 4.17) 

     CCS =   Multiplying factor which considers the effect of spring cycle 
      rate on the base failure rate (See Figure 4.18) 

      CR =   Multiplying factor which considers the effect of a corrosive 
      environment on the base failure rate (See Section 4.3.10) 

      CM =   Multiplying factor which considers the effect of the 
     manufacturing process on the base failure rate (See  
     Section 4.3.11) 

 
 

4.4.7   Cantilever Spring 
 
Cantilever springs are fabricated from flat strip material which stores and releases 

energy upon being deflected by an external load.  A typical cantilever spring is shown in 
Figure 4.6.  In complex designs, only a small part of the device may be functioning as a 
spring, and for analytical purposes, that portion which is active during operation may be 
considered as an independent device. 

 
The bending stress for cantilever springs can be determined as follows: 
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Where:        S =   Bending stress, lbs/in2

      EM =   Modulus of elasticity, lbs/in2

        f =   deflection, in 

        t =   thickness, in 

        L =   length, in 
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Figure 4.6  Typical Cantilever Spring 

 
 
 
     The failure rate of a cantilever spring is determined using the following equation: 
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or:  
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,SP SP B E t L f Y CS R MC C C C C C C C= i i i i i i i iλ λ   (4-20) 

Where:    λSP =   Failure rate of spring, failures/million hours  

   λSP,B =   Base failure rate for spring, 1.1 failures/million hours  

      CE =   Multiplying factor which considers the effect of the material 
      elasticity modulus on the base failure rate (See Table 4-2) 

      Ct =   Multiplying factor which considers the effect of material 
      thickness on the base failure rate (See Figure 4.14) 

      CL =   Multiplying factor which considers the effect of spring length 
      on the base failure rate (See Figure 4.15) 

      Cf =   Multiplying factor which considers the effect of spring deflection 
      on the base failure rate (See Figure 4.16) 

      CY =   Multiplying factor which considers the effect of material 
      tensile strength on the base failure rate (See Table 4-3) 

     CCS =   Multiplying factor which considers the effect of spring cycle 
      rate on the base failure rate (See Figure 4.18) 

      CR =   Multiplying factor which considers the effect of a corrosive  
      environment on the base failure rate (See Section 4.3.10) 

      CM =   Multiplying factor which considers the effect of the  
      manufacturing process on the base failure rate (See 
      Section 4.3.11) 

 
 
4.4.8    Beam Spring 

      
Beam springs are usually rectangular in shape and formed into an arc as shown in 

Figure 4.7.  Assuming the ends are free to laterally expand, stress can be computed as 
follows: 

 
 

2
M6 E fS
L

t
=       (4-21) 

 

Where:       S =   Bending stress, lbs/in2

     EM =   Modulus of elasticity, lb/in2

        f =   Spring deflection, in 

        t =   Material thickness, in  
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        L =   Active spring length, in 
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Figure 4.7  Typical Beam Spring 
 
    
  The failure rate of a beam spring is determined using the following equation: 
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,SP SP B E L f Y CS R MtC C C C C C C C= i i i i i i i iλ λ    (4-22) 
 

Where:    λSP =   Failure rate of spring, failures/million hours  

  λSP,B =   Base failure rate for spring, 4.4 failures/million hours  

      CE =   Multiplying factor which considers the effect of the material 
      elasticity modulus on the base failure rate (See Table 4-2) 

       Ct =   Multiplying factor which considers the effect of material  
      thickness on the base failure rate (See Figure 4.14) 
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      CL =   Multiplying factor which considers the effect of spring length 
      on the base failure rate (See Figure 4.15) 

      Cf =   Multiplying factor which considers the effect of spring deflection 
      on the base failure rate (See Figure 4.16) 

      CY =   Multiplying factor which considers the effect of material tensile 
      strength on the base failure rate (See Table 4-3) 

     CCS =   Multiplying factor which considers the effect of spring cycle rate 
      on the base failure rate (See Figure 4.18) 

      CR =   Multiplying factor which considers the effect of a corrosive  
      environment on the base failure rate (See Section 4.3.10) 

      CM =   Multiplying factor which considers the effect of the  
     manufacturing process on the base failure rate (See  
     Section 4.3.11) 
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Figure 4.8  Multiplying Factor for Wire Diameter 
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Figure 4.9  Multiplying Factor for Spring Coil Diameter 
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Figure 4.10  Multiplying Factor for Number of Coils in a Spring 
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Figure 4.11  Multiplying Factor for Spring Deflection 
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     DCC =  Coil Diameter, inches 
     DW  =  Wire Diameter, inches 
 
 

Figure 4.12  Multiplying Factor for Stress Concentration Factor 
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Where:     θ =  Angular rotation, degrees 

 
 
 

Figure 4.13  Multiplying Factor for Deflection of a Torsion Spring 
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Figure 4.14  Multiplying Factor for Material Thickness 
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Where:      OD   =  Outside Diameter of Belleville, Curved or Wave  

      Washer, inches 
         L  =  Length of Beam or Cantilever Spring, inches   
 
 
 

Figure 4.15  Multiplying Factor for Washer Size and Spring Length  
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Figure 4.16  Multiplying Factor for Washer Deflection 
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Figure 4.17  Multiplying Factor for Belleville Washer Compressive Stress 
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     Where:  CR = Spring cycle rate, cycles/min 
 
 
 

Figure 4.18  Multiplying Factor for Spring Cycle Rate 
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Figure 4.19  Multiplying Factor for Spring Coil Diameter 
       (Torsion Springs) 
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Table 4-2.  Moduli of Rigidity and Elasticity for Typical Spring Materials 
 
 

 
 

MATERIAL 

MODULUS OF
RIGIDITY (GM) 
lbs/in2 x 106

 
 

CG

MODULUS OF  
ELASTICITY (EM) 
lbs/in2 x 106

 
 

CE

Ferrous: 
  Music Wire 
  Hard Drawn Steel 
  Chrome Steel 
  Silicon-Manganese 
  Stainless, 302, 304, 316  
  Stainless 17-7 PH 
  Stainless 420 
  Stainless 431 

 
11.8 
11.5 
11.2 
10.8 
10.0 
10.5 
11.0 

       11.4 

 
1.08 
1.00 
0.92 
0.83 
0.67 
0.76 
0.88 

       0.97 

  
29.0 
28.5 
29.0 
29.0 
28.0 
29.5 
29.0 

       29.5 

 
1.05 
1.00 
1.05 
1.05 
0.98 
1.04 
1.05 

       1.11 

Non-Ferrous: 
  Spring Brass 
  Phosphor Bronze 
  Beryllium Copper 
  Inconel 
  Monel   

 
5.0    
6.0 
7.0 
10.5 

       9.5 

 
0.08 
0.14 
0.23 
0.76 

       0.56 

 
15.0 
15.0 
17.0 
31.0 

       26.0        

 
0.15 
0.15 
0.21 
1.09 

       0.76 

 
 
NOTE:  Modulus GM is used for compression and extension springs; modulus EM is 

used for torsion springs, flat springs and spring washers. 
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Table 4-3.  Material Tensile Strength Multiplying Factor, CY
 

 
MATERIAL 

TENSILE STRENGTH, TS
lbs/in2 x 103

 
CY

  Brass 
  Phosphor Bronze 
  Monel 400 
  Inconel 600 
  Monel K500 
  Copper-Beryllium 
  17-7 PH, RH 950 
  Hard Drawn Steel 
  Stainless Steel 302, 18-8 
  Spring Temper Steel 
  Chrome Silicon 
  Music Wire   

   110 
   125 
   145 
   158 
   175 
   190 
   210 
   216 
   227 
   245 
   268 
   295 

          5.15 
          3.51 
          2.25 
          1.74 
          1.28 
          1.00 
          0.74 
          0.68 
          0.59 
          0.47 
          0.36  

               0.27                  

 
NOTE:  These are typical values based on a wire diameter of 0.1 inch.  Actual 

values of tensile strength will vary with wire diameter.    
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                      Table 4-4.  Wave Washer Multiplying Factor, CNW
 

NUMBER OF WAVES CNW

3 
4 
5 
6 
7 
8 

2.78 
1.56 
1.00 
0.69 
0.51 

       0.39 

 
 

2
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5.1  INTRODUCTION 

Solenoids are electromechanical devices, which convert electrical energy into 
mechanical motion.  Generally this motion is used to move a load a specified distance  
Magnetic solenoids produce linear motion usually pulling the plunger into the coil when 
energized.  They can also be equipped with a push rod mounted to one end of the 
plunger providing a pushing motion when energized.  Return motion of the solenoid 
upon deenergizing the coil is provided by the load itself or a return spring. 

 
The reliability of a typical solenoid assembly depends on the construction of the coil 

assembly, length of the stroke, and the environment in which it operates.  The maximum 
specified cycling rate of the solenoid should be determined and compared with the 
potential operating rate to make sure the coil will not be overheated in its operating 
environment.  When a solenoid is energized by the voltage source, heat is generated 
which increases the temperature of the coil.  This temperature rise has some undesired 
effects, since resistance of the coil winding increases with temperature, which in turn, 
reduces electrical current.  This reduction in current reduces the force output.  An 
extreme increase in temperature can result in damage to the winding.  Usually the 
limiting factor for operating temperature is the rated temperature of the solenoid 
insulating material (see Section 5.5).       

 
The failure rate of the solenoid assembly is more dependent upon manufacturing 

defects associated with the assembly of the coil in relation to the armature than it is 
upon operating environment. Therefore, a base failure rate based on field experience 
data can be used as an estimate of the failure rate for a solenoid in its operating 
environment: 
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,SO SO B P C Iλ λ λ λ= + + + λ      (5-1) 

 
Where:    λSO =   Failure rate of a solenoid in failures/million hours 

   λSO,B =   Base failure rate of solenoid, 2.77 failures/million cycles 
(Reference 81)  

      λP =   Failure rate of armature assembly in failures/million cycles (See 
Section 5.3) 

      λC =   Failure rate of contactor assembly in failures/million cycles (See 
Section 5.4) 

      λI =   Failure rate of solenoid inductor assembly in failures /million 
hours (See Section 5.5) 

 
5.2  FAILURE MODES 

The primary failure modes of a solenoid inductor (coil) assembly include one or 
more winding shorts or an open coil usually caused by overheating.  Table 5-1 provides 
some typical failure modes of a solenoid assembly. 

 
Table 5-1.  Typical Failure Modes of a Solenoid 

 

FAILURE MODE FAILURE MECHANISM FAILURE CAUSE  

Inrush current causes coil 
overheating and burnout 

Mechanical jamming of 
plunger 

Increase in coil resistance 
preventing solenoid closure 

Excessive ambient 
temperature 

Shorted coil at lead wires Excessive moisture 

  Coil burnout 
 

Heat builds up faster than it 
can be dissipated Excessive cycling rate 

  Open inductor  
  winding Open lead at termination Coil voltage overload, 

vibration 

  Damaged contactor Contactor arcing Excessive load voltage  

  Armature failure Mismatch of solenoid force 
and load Excessive plunger force 
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5.3  FAILURE RATE OF ARMATURE ASSEMBLY 

Clearance between the coil assembly and the armature assembly must be 
maintained for proper operation and the design should be evaluated for reliability 
considering the operating environment.  For small solenoids, the armature has minimal 
effect on the part failure rate.  For large solenoid operated contactor assemblies, the 
procedures in Chapter 9 should be used to evaluate the wear rate of the solenoid 
piston. 

 
5.4  FAILURE RATE OF CONTACTOR ASSEMBLY 

Contactor life is usually limited by the contacts depending on physical, chemical and 
electrical phenomenon.  Failure of an electrical contact can usually be determined by an 
increase in contact resistance to approximately twice the initial value.  The failure rate of 
the contactor can be written as (Reference 69): 

 

,
m

C C B
nI= i iλ λ ν       (5-2) 

 
Where:      λC =  Failure rate of contactor assembly, failures/million operations 

     λC,B =  Base failure rate of contactor assembly, failures/million 
       operations 

        ν =  Voltage across contactor assembly, volts 

        I =  Current, amperes 

       m =  Voltage constant 
       n =  Current constant 
 
 
A more general equation can be written for AC resistive loads (Reference 69):   
 

,C C B C C= i iν Iλ λ       (5-3) 
 

Where:      λC =  Failure rate of contactor assembly, failures/million operations 

     λC,B =  Base Failure of contactor assembly, resistive load, 1.10 
       failures/million operations 

       CV =  Multiplying factor considering contactor voltage (See Figure 5.1) 

       CI =  Multiplying factor considering contactor current (See Figure 5.2) 
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For AC inductive loads, the power factor must be considered, modifying Equation 
(5-3) as follows (Reference 69): 

 
,C C B I PC C C= i i iν Fλ λ      (5-4) 

 
 
Where:    λC,B =  Base failure rate of contactor assembly, inductive load, 3.60 
       failures/million operations  

      CPF =  Multiplying factor considering the power factor (See Figure 5.3) 
 
 
DC loads generate greater arcing across the contacts than do AC loads.  The failure 

rate equation for a contactor with DC loads is written as follows (Reference 69): 
 

,C C B C CI= i iνλ λ      (5-5) 
 
Where:      λC =  Failure rate of contactor assembly, failures/million operations 

     λC,B =  Base Failure of contactor assembly, DC load, 2.5 failures/million  
       operations 

       CV =  Multiplying factor considering contactor voltage (See Figure 5.4) 

       CI =  Multiplying factor considering contactor current (See Figure 5.5) 
 

5.5  FAILURE RATE OF INDUCTOR ASSEMBLY 

Since an inductor (coil) consists of a number of turns of wire it will have a some 
small amount of direct current resistance.  This copper loss of the inductor can be 
calculated by multiplying the square of the current in the inductor by the resistance of 
the winding (I2R).  In addition to copper loss, an iron core coil will have hysteresis and 
eddy-current losses.  Hysteresis loss is due to power that is consumed in reversing the 
magnetic field of the inductor core each time the direction of current in the inductor 
changes.  Eddy-current loss is due to heating of the core by circulating currents that are 
induced in the core by the magnetic field around the turns of the coil.  All these losses 
dissipate power in the form of heat.  Inductor manufactures publish these power losses 
in their product specification sheets. 

 
Manufacturers also rate their inductors in terms of insulation rating.  Common 

ratings include: 
Class A rated 105oC  
Class F rated 155oC  
Class H rated 180oC  
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Base failure rates for the inductor can be established from these ratings: 
 
For 1050C coil rating: 

 4

15.6
137.5 273

329

3.35 10

D
o

PT
A

I x eλ −

⎛ ⎞+ +⎜ ⎟
⎜ ⎟
⎜ ⎟
⎝= ⎠     (5-6) 

 

Where:     λI   =  Base failure rate of inductor, failures/million hours 

To =  Operating temperature, oC 

PD =  Power lost, watts 

A  =  Surface area of coil, in2  

 
The surface area of the coil determines the temperature rise within the coil with respect 
to the rated and operating temperatures.  The surface area can usually be determined 
by assuming a cylindrical surface.    

 
For 155OC inductor rating, the base failure rate is:  
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For 180 OC inductor rating, the base failure rate is: 
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For solenoids rated over 200 OC, the base failure rate is: 
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Where: Vo  =  Operating voltage, volts 

  Vr  =  Rated voltage, volts 
 
 

Figure 5.1  Multiplying Factor for AC Contactor Voltage 
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Where:   Io  =  Operating current, amperes 

  Ir  =  Rated current, amperes 
 

 
Figure 5.2  Multiplying Factor for AC Contactor Current 
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Figure 5.3  Multiplying Factor for Power Factor 
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Where:    Vo    o =  Operating voltage, volts 

      Vr  =  Rated voltage, volts 
 
 

Figure 5.4  Multiplying Factor for DC Contactor Voltage 
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Where: Io  =  Operating current, amperes 

        Ir  =  Rated current, amperes 
 
 

Figure 5.5  Multiplying Factor for DC Contactor Current 
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6.1  INTRODUCTION 

This chapter contains failure rate models for fluid valve assemblies which can be 
used to support the development of mechanical equipment and provide a reliability 
estimate for a new design or a proposed design modification.  The models are intended 
to focus attention on further design analyses which should be accomplished to assure 
the allocated reliability of the valve in its intended operating environment. 

 
A typical valve assembly is shown in Figure 6.1.  After the failure rates are 

determined for each component part, the results are summed to determine the failure 
rate of the total valve assembly: 
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Figure 6.1  Typical Valve Configuration 
 

 
VA PO SE SP SO HOλ λ λ λ λ λ= + + + +      (6-1) 

 
for a poppet type valve, or 
 

VA SV SE SP SO HOλ λ λ λ λ λ= + + + +      (6-2) 
 

for a sliding-action valve. 
 
 

Where: λVA =  Failure rate of total valve assembly in failures/million operations 

 λPO =  Failure rate of poppet assembly in failures/million operations as  
      derived from Section 6.3

 λSV =  Failure rate of sliding action valve assembly in failures/million  
       operations as derived from Section 6.4

 λSE =  Failure rate of the seals in failures/million operations as derived 
       from Chapter 3 
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 λSP =  Failure rate of spring(s) in failures/million operations as derived 
       from Chapter 4  

          λSO    =  Failure rate of solenoid in failures/million operations as derived 
           from Chapter 5 

      λHO   =  Failure rate of valve housing as derived from Section 6.5
 

 
6.2  FAILURE MODES OF VALVE ASSEMBLIES 

Failure rate models included in this section are based upon the identification of 
failure modes.  Appropriate models to predict the rate of occurrence for each 
component part are used as applicable and then the failure rates of all component parts 
are added together to determine the component failure rate.  The models can also be 
used to determine the probability of occurrence of a particular failure mode.  Many valve 
assemblies are uniquely designed for special applications and a more detailed analysis 
is often required for those failure modes identified as critical or where results of the 
analysis indicate that an additional investigation is warranted. 

 
Typical failure modes for a valve assembly are listed in Table 6-1.  It should be 

noted that the failure modes, failure causes and failure effects may be interchanged 
depending upon the type of analysis being performed.  For example, a functional 
analysis will tend to identify those entries in Table 6-1 under local effects as the failure 
mode while a very detailed hardware analysis would result in the identification of those 
entries under failure cause as the failure mode. 

 
 

6.3 FAILURE RATE MODEL FOR POPPET ASSEMBLY 

The term poppet refers to those valves in which the valve element travels 
perpendicular to a plane through the seating surface.  The poppet valve element is used 
in flow control, pressure control and directional control valves.  In a poppet valve, a 
relatively large flow area is provided with short travel of the poppet.  This characteristic 
simplifies the actuator requirements and permits the use of solenoids and diaphragms, 
which are characteristically short stroke devices. 

 
Figure 6.2 illustrates the operation of a simple poppet valve. The valve consists 

primarily of a movable poppet which closes against a valve seat.  The valve may be 
actuated manually or by electrical, mechanical or pneumatic means.  This section of the 
manual discusses the valve mechanism itself.  Refer to Chapter 5 for procedures to 
evaluate the reliability of the solenoid and to other appropriate sections of the manual to 
determine the reliability of other components of the actuation mechanism.  In the closed 
position, fluid pressure on the inlet side tends to hold the valve tightly closed.  A force 
applied to the top of the valve stem opens the poppet and allows fluid to flow through 
the valve. 
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Table 6-1.  Failure Modes for a Valve Assembly 
 

FAILURE MODE FAILURE CAUSE LOCAL EFFECT 

Seal leakage  - Embrittlement 
 - Installation damage 
 - Wear 
 - Surface damage 
 - Distortion 
 - Dynamic instability 

- Internal or external valve 
  leakage 

Worn or damaged 
poppet seat 

 - Wear of poppet/seat 
   Assembly 
 - Contaminants 

 - Poppet not seating 
   properly causing internal
   leakage and low/erratic  
   pressure drop 

Worn or damaged spool  - Contaminants 
 - Misalignment 

 - Internal leakage 

Sticking valve piston in 
main valve body 

 - Contaminants 
 - Loss of lubrication 
 - Air entrapment 
 - Excessively high 
   temperature 
- Structural interference

 - Low/erratic pressure 
   drop 
 - Slow operating response
 - Valve immobile 

Broken spring or 
damaged spring ends 

- Fatigue  - Unable to adjust or 
    maintain pressure 

Inoperative solenoid 
assembly 

 - Open coil winding 
- Misalignment of 
  solenoid with respect 
  to spool or poppet         
  stem 

 - Valve fails to open or 
    close 

External leakage  - Contaminants  - Poppet Stem Wear 

Cracked 
connector/housing 

 - Fatigue 
 - External shock 
 - Vibration 

 - External leakage 
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Figure 6.2   Poppet Valve Assembly 

 
The poppet fits into the center bore of the seat.  The seating surfaces of the poppet 

and the seat are lapped or closely machined so that the center bore will be sealed when 
the poppet is seated.  An O-ring is usually installed on the stem of the poppet to prevent 
leakage past this portion of the poppet assembly. 

 
Table 6-2 is a list of typical failure modes, mechanisms and causes for a poppet 

assembly.  A review of failure rate data suggests the following characteristics be 
included in the failure rate model for poppet assemblies: 

 
• Leakage requirement 
• Material hardness 
• Surface irregularities 
• Fluid viscosity 
• Fluid/material compatibility 
• Fluid pressure 
• Physical size of poppet/seat 
• Q.C./manufacturing processes 
• Contamination level 
• Utilization rate 

 
A new poppet assembly (or fairly new if some initial deformation exists) may be 

expected to have a sufficiently smooth surface finish for the valve to meet internal 
leakage specifications. However, after some period of time contaminants will cause 
wear of the poppet/seat assembly until leakage rate is beyond tolerance.  This leakage 
rate, at which point the valve is considered to have failed, will depend upon the 
application. 
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Table 6-2.  Failure Rate Considerations for a Poppet Assembly 
 

FAILURE MODE FAILURE MECHANISMS FAILURE CAUSES 

Internal Leakage Worn poppet/seat - Contaminants 

Poor Response Sticking/jammed poppet 
assembly 

- Side Loading 
- Incorrect spring pressure 
- Contaminants 

External Leakage Wear of poppet stem - Contaminants 

 
 
A failure rate equation for a poppet assembly is dependent upon the ratio of actual 

leakage rate to that allowable under conditions of usage. This rate, based on Navy 
Maintenance and Material Management (3-M) data can be expressed as follows: 

 
 

,PO PO B
f

aQ
Q

λ λ
⎛ ⎞
⎜=
⎜
⎝ ⎠

⎟
⎟

     (6-3) 

 
 

Where:    λPO =  Failure rate of the poppet assembly, failures/million operations 

   λPO,B =  Base failure rate for poppet assembly, failure/million operations 

      Qa =  Leakage rate, in3/min 

      Qf =  Leakage rate considered to be valve failure, in3/min 
 
The allowable leakage, Qf is determined from design drawings, specifications or 

knowledge of component applications. The actual leakage rate, Qa is determined from 
the following equation (Reference 22): 
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Q
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−

= 1     (6-4) 

 
 

Where:     Qa =  Actual fluid leakage, in3/min 
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     DM =  Mean seat diameter, in 

        f =  Mean surface finish of opposing surfaces, in 

      P1 =  Upstream pressure, lb/in2

      P2 =  Downstream pressure, lb/in2

      νa =  Absolute fluid viscosity, lbf-min/in2

     LW =  Radial seat land width, in 

      SS =  Seat stress, lb/in2 

      K1 =  Constant which considers the impact of contaminant 
size, hardness and quantity of particles 
 

Failure rate of the poppet assembly will be dependent upon leakage rate and those 
factors which influence the deterioration of surface finish such as rate of cycling, 
material properties and contaminants. Deterioration of the poppet and seat by 
contaminants is dependent upon material properties and the number of contaminants, 
and that part of the time the poppet is open and subject to contaminants under fluid 
pressure. 

 
A contamination factor can be derived from the following equation: 
 
 

( ) [ ], , , ,function ofZ Q Tn dα=     (6-5) 
 
 

       Where:       Z =  Poppet/seat degradation 

        α =  Contaminant wear coefficient, in3/particle 

        n =  Number of contaminant particles/in3

       Q =  Flow rate, in3/min 

       d =  Ratio of time the poppet is open to total operating time 

       T =  Temperature of operation, οF 

 
Table 6-5 provides typical quantities of contaminants for use in establishing a 

multiplying factor.  By normalizing the equation to those values for which historical 
failure rate data are available the following model can be derived: 

 
 

,PO PO B P Q F N S DT SWC C C C C C C C C= i i i i i i i i iν Wλ λ   (6-6) 
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Where:    λPO =  Failure rate of poppet assembly in failures/million operations 

   λPO,B =  Base failure rate of poppet assembly, 1.40 failures/million  
       operations 
      CP =  Multiplying factor which considers the effect of fluid pressure on 
       the base failure rate (See Figure 6.6) 
      CQ =  Multiplying factor which considers the effect of allowable leakage 
        on the base failure rate (See Figure 6.7  or Figure 6.8)   
      CF =  Multiplying factor which considers the effect of surface finish on 
       the base failure rate (See Figure 6.9) 

      Cν =  Multiplying factor which considers the effect of fluid viscosity and  
       temperature on the base failure rate (See Table 6-6  and Figure 

6.16) 
      CN =  Multiplying factor which considers the effect of contaminants on 
       the base failure rate (See Table 6-5) 
      CS =  Multiplying factor which considers the effect of the seat stress on  
       the base failure rate (See Figure 6.10) 
     CDT =  Multiplying factor which considers the effect of the seat diameter 
       on the base failure rate  (See Figure 6.11) 
    CSW =  Multiplying factor which considers the effect of the seat land 
        width on the base failure rate  (See Figure 6.12) 
     CW =  Multiplying factor which considers the effect of flow rate on the  
       base failure rate  (See Figure 6.15) 
 

The following paragraphs provide background information on those parameters 
included in the model. 

 
6.3.1  Fluid Pressure 

 
     Figure 6.6 contains the fluid pressure multiplying factors for use in the model.  

Valves having high response characteristics and consequently a high poppet velocity 
will incur large impact loading which tends to reduce the life expectancy of the valve.  
As with any piece of mechanical equipment, the higher the structural loads the shorter 
the life.  Pressure forces arise from any net pressure unbalance acting on the valve 
element.  Depending upon the functional design of the valve, the pressure force may 
increase, decrease, or virtually have no effect on the actuation force.  In an unbalanced 
valve design such as a conventional poppet, upstream pressure normally acts in a 
direction to seat the valve so that an increasing upstream pressure will tend to force the 
valve element tighter against its seat.  The use of pressure unbalance to aid in sealing 
requires a higher actuation force to open the valve.  When the size of the valve and/or 
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magnitude of pressure demand excessively large actuation forces, a balanced design 
and/or piloting are often utilized.  In most cases the pressure on the poppet can be 
assumed to be the system upstream pressure, P1, minus the downstream pressure, P2. 

 
6.3.2   Allowable Leakage 

 
Figures 6.7  (liquids) and 6.8 (gases) show the allowable leakage multiplying factor 

for use in equation 6-6.  Allowable internal leakage of a poppet design can be obtained 
from valve specifications.  Leakage requirements vary from molecular flow for certain 
shutoff valves at one extreme to several cubic feet per minute in some inexpensive 
valves which control water or other inexpensive fluid.  Allowable leakage must be 
evaluated with respect to total mission and operational requirements. 

 
6.3.3   Surface Finish 

 
Evaluation of surface finish involves both poppet and seat assemblies.  Surface 

finishes will usually be specified on assembly drawings in terms of microinches or by a 
manufacturing process.  Typical surface finishes for manufacturing processes are 
provided in Table 6-4.  These values are for a finish as initially manufactured and a new 
valve can be expected to have a sufficiently smooth surface finish to meet internal 
leakage specifications.  However, after some period of time contaminants will cause 
wear of the poppet/seat assembly until leakage rate is beyond tolerance.  This 
deterioration of surface finish will be influenced by operating temperature and pressure, 
rate of cycling, loads and material properties. 

 
6.3.4   Fluid Viscosity 

 
Viscosity of a fluid is much more dependent on temperature then it is on pressure.  

For example, when air pressure is increased from 1 atmosphere to 50, its viscosity is 
only increased by about 10%.  In contrast, Figure 6.3 shows the dependence of 
viscosity on temperature for some common fluids.  The graph shows how viscosity of 
liquids decreases with temperature while that of gases increases with temperature.  
Multiplying factors for viscosities of typical fluids are provided in Table 6-6.  Multiplying 
factors for other fluids are determined from the table by a knowledge of viscosity at the 
applicable fluid temperature.  Viscosity for a specific fluid is obtainable from many 
reference sources.  If the value located is in terms of kinematic viscosity, multiply the 
value by the specific gravity (density) at the desired temperature to determine the 
dynamic  viscosity.  

 
 

6.3.5   Contamination Sensitivity 
 
Cleanliness of the system and of the fluid medium has a direct effect upon the 

operation and life of a poppet valve.  Contaminants can clog or jam the poppet and 
cause excessive leakage in metal-to-metal seated valves.  Particulate matter in 
gaseous media, especially in the lighter gases such as helium, can be extremely 
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destructive to internal parts, particularly seats, because of the very high velocity that can 
be attained under sonic conditions. 

 
The analysis of particle sizes includes the determination of upstream filter size, the 

filter maintenance schedule, the number of upstream components between the valve 
and filter, and the number of particles likely to be encountered at the poppet/seat 
assembly.  Table 6-5 lists typical quantities of contaminants for use in determining the 
multiplying factor. 
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Figure 6.3 Dynamic Viscosities of Various Fluids  
 

6.3.6   Seat Stress 
 
The force applied by the poppet against the seat is found by actual measurement or 

design specifications.  In the typical poppet/valve seat example of Figure 6.4, the 
poppet seat area AST can be computed as follows: 
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Where:    AST =  Seat Area, in2

      D1 =  Outside diameter of poppet, in 

       D2 =  Diameter of poppet shaft, in 
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Figure 6.4  Typical Poppet/Valve Seat Configuration 
 
 

  And the force of the poppet against the seat is: 
 
 

( )1 2S STF A P P= −       (6-8) 
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Where:     FS =  Force on seat, lb 

      P1 =  Upstream fluid pressure, psi 

      P2 =  Downstream fluid pressure, psi 
 

 
The seat land area acting as a seal when the valve is closed, is calculated by: 
 
 

( )2 2
1 3

4SL

D D
A

π −
=       (6-9) 

 
 
Where:     ASL =  Seat land area, in2

      D3 =  Inside diameter of valve outlet 
   
 
Then the expression for the apparent seat stress, SS, is the force applied to the seat 

divided by the seat land area: 
 
 

S
S

SL

FS
A

=       (6-10) 

 
Therefore: 
 

1 2( ) ST
S

SL

AS P P
A

= −       (6-11) 

 
The minimum contact pressure to prevent leakage for most materials is 

approximately three times the fluid pressure.  In Equation (6-4), leakage varies inversely 
with the seat stress raised to the 1.5 power.  Therefore, a multiplying factor for the effect 
of seat stress on the valve base failure rate can be derived as follows: 

 
1.5

90000.26S
S
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S

⎛ ⎞
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⎝ ⎠
      (6-12) 

 
 

Figure 6.8 provides the multiplying factors for different values of seat stress. 
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6.3.7   Physical Dimensions 
 
The poppet diameter, seat diameter, and seat land width are shown in Figure 6.4.  

Figures 6.11 and 6.12 provide multiplying factors for seat diameter and land width. 
 

6.3.8 Operating Temperature 
 
The duty cycle of a poppet valve can vary from several on-off cycles to many 

hundreds of cycles per hour.  Multiple cycling under high pressure or operating 
temperature decreases the life of the valve.  The rate of cycling may be important if the 
temperature rise, as a result of the operation, becomes significant.  The effects of fluid 
temperature on failure rate are included in the fluid viscosity multiplying factor, Cν. 

 
6.3.9   Other Considerations 

 
Several failure rate considerations are not specifically included in the model but 

rather included in the base failure rate.  The base failure rate is an average value which 
reflects field performance data.  The following items can be used as a check list to 
assure that the potential failure mechanisms have been considered: 

 
• Fluid medium considerations which are important in valve designs include 

the physical properties of the fluid and the compatibility of the fluid with 
poppet/seat materials.  Corrosive fluids will rapidly change the surface finish.  
The state and physical properties of the fluid become particularly important in 
determining pressure drop and flow capacity. 

 
• In considering maintenance, requirements for special tasks must be 

identified.  Valve seats should be accessible and easily replaced, preferably 
without removing the valve from its circuit.  When it is necessary to service a 
valve in the field, care must be exercised to insure that contamination from 
the work area is not introduced into the valve or system.  Requirements for 
lubrication and adjustments should be minimized to provide high reliability in 
service use. 

 
• While critical design features are usually based upon one primary fluid, 

consideration must also be given to secondary fluids with which the valving 
unit will be required to operate during cleaning and testing operations. 
 

• The location of the valve in the circuit must be considered when considering 
system failure modes and failure rates.  For example, in some circuits a 
backup control valve is used to permit continued operation in event one valve 
becomes stuck in the open or closed position.   
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6.4     FAILURE RATE MODEL FOR SLIDING ACTION VALVES 

Sliding action valves consist of a movable spool (a piston with more than one land) 
within a cylinder.  Sliding action valves are usually designed such that the spool slides 
longitudinally to block and uncover ports in the housing.  A rotary spool is sometimes 
used.  Fluid under pressure which enters the inlet port acts equally on both piston areas 
regardless of the position of the spool.  Sealing is accomplished by a very closely 
machined fit between the spool and the valve body.  In sleeve valves the solid piston or 
spool is replaced by a hollow cylinder with either the inner or outer cylinder serving as 
the valve element.  A typical sliding action valve is shown in Figure 6.5. 

 
The great majority of sliding action valves utilizes axial motion of the valving 

element, although some designs for special applications use rotating pistons or 
sleeves.  A primary advantage of sliding action valves is the feasibility of obtaining a 
pressure-balanced design, especially with sleeve or spool configurations.  An inherent 
disadvantage of sliding action valves is leakage, a problem which can only be controlled 
by close machining or reliable dynamic sealing techniques.  Spool valves, for example, 
are widely used in fluid power applications where perfect internal sealing is not required. 

 
 

Outlet port closed  
by piston  

 
 

 
Spool shifted to right

Port open

Spool shifted to left

 
  

 
Figure 6.5   Sliding Action Valve Assembly 

 
 

Diametrical spool clearances of approximately 50 microinches are common and 
surface finishes of 4 to 6 microinches are standard requirements for spools and 
sleeves.  Therefore, contamination tolerance and dirt sensitivity are critical factors in the 
design and use of sliding action valves, and reliability will be directly affected by dirt 
particles.  Force balances, flow rate and general mechanical operation can be 
influenced by the presence of contaminants within the valve.  Contamination problems 
include wear of the spool and sleeve until the leakage rate is beyond tolerance.  The 
steps to investigating internal leakage are the same as for the poppet type valve.  Table 
6-3 is a list of failure modes, mechanisms and causes for spool assemblies. Other 
failure modes should be identified for the specific application and evaluated to 
determine the applicability of the failure rate model to the analysis being performed. 
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An equation similar to that for poppet valves can be used to predict the reliability of 
a sliding action valve: 

 

( )1/ 22 2 2
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λ λ ν

−
=     (6-13) 

 
 

Where:    λSV =  Failure rate of sliding action valve assembly in failures/million 
operations 

   λSV,B =  Base failure rate = 1.25 failures/million operations 

        B =  Spool clearance, in 

     DSP =  Spool diameter, in 

       P1 =  Upstream pressure, lb/in2

       P2 =  Downstream pressure, lb/in2

       νa =  Absolute fluid viscosity, lb-min/in2

       Qf =  Leakage rate considered to be device failure, in3/min 

        μ =  Friction coefficient 

        α =  Contaminant wear coefficient, in3/particle 

        η =  Number of contaminant particles/in3    
 

 
 

Table 6-3.  Failure Rate Considerations for Sliding Action Valve 
 

FAILURE MODE FAILURE MECHANISMS FAILURE CAUSES 

Internal leakage Worn spool/sleeve - Contaminants 
- Side loading 

Poor response Sticking sleeve assembly - Side Loading 
- Incorrect spring pressure 
- Contaminants 

External leakage Worn gasket/seal - Contaminants 

Valve port fails to open Jammed sleeve assembly - Excessive side loading 
- Contaminants 
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By normalizing the characteristic equation to those values for which historical failure 

rate data are available, the following model can be derived: 
 
 

,SV SV B P Q N B DS WC C C C C C C C= i i i i i i i iμνλ λ   (6-14) 
 
 
Where:  λSV,B =  Base failure rate = 1.25 failures/million operations 

      CP =  Multiplying factor which considers the effect of fluid pressure on 
       the base failure rate (See Figure 6.6) 

      CQ =  Multiplying factor which considers the effect of allowable leakage 
       on the base failure rate (See Figure 6.7  or Figure 6.8) 

                Cν = Multiplying factor which considers the effect of fluid  
      viscosity/temperature on the base failure rate (See Table 6-6  and  

Figure 6.16) 

      CN =  Multiplying factor which considers the effect of fluid contaminants  
       on the base failure rate (See Table 6-5) 

      CB =  Multiplying factor which considers the effect of spool clearance 
       on the base failure rate (See Figure 6.13) 

    CDS =  Multiplying factor which considers the effect of spool diameter on  
       the base failure rate (See Figure 6.14) 
      Cμ =  Multiplying factor which considers the effect of friction coefficient  
       on the base failure rate (See Table 6-7) 

     CW =  Multiplying factor which considers the effect of flow rate on the  
       base failure rate (See Figure 6.15) 

 
 

6.4.1   Fluid Pressure 
 
In most sliding action valves the applied fluid pressure is the upstream pressure 

minus the downstream pressure.  Figure 6.6 provides the multiplying factors for fluid 
pressure.  Other factors in evaluating the effects of fluid pressure on valve reliability 
include the following: 

 
Size - Structural strength becomes an increasingly important consideration with 
increasing valve size because pressure loads are a function of the square of the 
valve size. 
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Balance - If the valve is inherently pressure-balanced, the influence of pressure 
upon such parameters as size and actuation forces will be far less than in the 
case of an inherently unbalanced unit. 

 
Pressure Induced Strain - Binding of certain close-tolerance sliding action valves 
can result with excessive pressure load on a port. 

 
Conditions of Pressure - Circumstances under which the valve unit is subjected 
to high pressure must be considered. A drain valve, for example, may be 
required to seal against high pressure, but never be required to open until after 
the pressure has been relieved. 

 
 
6.4.2   Allowable Leakage 

 
Allowable internal leakage of the sliding action valve can be obtained from valve 

specifications usually in terms of quiescent flow or leakage flow.  Quiescent flow is the 
internal valve flow or leakage from supply-to-return with no flow in the load ports.  
Allowable leakage will vary considerably according to the operational requirements.  
Figures 6.7 (liquids) and 6.8 (gases) provide the multiplying factors for allowable 
leakage. 

 
 

6.4.3   Contamination Sensitivity  
 
Cleanliness of the fluid medium and surrounding medium has a direct effect upon 

the occurrence of stiction, weldment and general operation of sliding valve assemblies.  
No fluid system is completely free of particulate contamination and sensitivity of a valve 
to contamination is an important consideration in reliability. 

 
In sliding action valves there is a tradeoff between contamination sensitivity and 

leakage based on clearances between the spool and sleeve.  If leakage is minimized by 
reducing the clearance between the valving element and its housing, a larger number of 
contaminant particles can become lodged, causing valve failure.  The clearance values 
should be checked at both of the temperature extremes to which the valve will be 
subjected, in order to ensure adequate design for the largest size of contamination 
particle anticipated. 

 
The analysis of particle sizes includes the determination of upstream filter sizes, the 

filter maintenance schedule, the number of upstream components between the valve 
and filter, and the number of particles likely to be encountered at the spool assembly.  
Table 6-5 provides typical quantities of contaminants for use in the failure rate equation. 
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6.4.4    Fluid Viscosity 
 
Viscosity of a fluid is much more dependent on temperature then it is on pressure.  

For example, when air pressure is increased from 1 atmosphere to 50, its viscosity is 
only increased by about 10%.  In contrast, the following graph shows the dependence of 
viscosity on temperature for some common fluids.  The graph shows how viscosity of 
liquids decreases with temperature while that of gases increases with temperature.  
Multiplying factors for viscosities of typical fluids are provided in Table 6-6.  Multiplying 
factors for other fluids are determined from the table by a knowledge of viscosity at the 
applicable fluid temperature.  Viscosity for a specific fluid is obtainable from many 
reference sources.  If the value located is in terms of kinematic viscosity, divide the 
value by the specific gravity (density) at the desired temperature to determine the 
dynamic specific gravity.  

 
 

6.4.5    Spool-to-Sleeve Clearance 
 
Highly polished and uniform surface finishes of 4-6 microinches can usually be 

assumed for a valve spool.  The model assumes that the spool is environmentally 
protected.  If this is not the case, a separate analysis will be required to determine the 
effects of aging and deterioration of the surfaces on the spool to sleeve clearance.  A 
diametrical spool clearance of 50 microinches is typical for sliding action valves.  The 
exact value is taken from assembly drawings.  Figures 6.13 and 6.14 provide multiplying 
factors for the spool-to-sleeve clearance and spool diameter. 

 
 

6.4.6 Friction Coefficient 
 
A sticking valve spool is usually caused by contaminants.  Particles can accumulate 

between the spool and sleeve as part of the silting process until the build-up is sufficient 
to cause stiction.  Results include valve hunting, erratic regulation and eventual locking.  
The silting process can be aggravated by inactivity of the valve.  Another failure 
mechanism to be considered is reduced clearance between the spool and sleeve 
caused by soft metal particles being wedged and burnished on the surfaces.  The actual 
friction coefficient is used in the model.  

 
 

6.5  FAILURE RATE ESTIMATE FOR HOUSING ASSEMBLY 

There are many factors which could be considered in determining the potential rate 
of fatigue failure of a valve housing including connectors.  For critical safety related 
applications, a review of the stress analysis is warranted.  Normally, the probability of a 
cracked housing is minimal and the failure rate is best determined from field experience 
data. 
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,HO HO Bλ λ=       (6-15) 
 
  
Where:    λHO =  Failure rate of valve housing, failures/million operating hours 

   λHO,B =  Base failure rate of housing, 0.01 failures/million hours 
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Figure 6.6  Fluid Pressure Multiplying Factor  
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For gas valve applications, see Figure 6.8 

 
 
 

Figure 6.7  Allowable Leakage Multiplying Factor  
 

 

Valve Assemblies  Revision C 6-20 



 
 

0.0

0.5

1.0

1.5

2.0

2.5

3.0

3.5

4.0

0.000 0.200 0.400 0.600 0.800 1.000 1.200 1.400

Allowable Leakage, Q f , ml / min

  L
ea

ka
ge

 M
ul

tip
ly

in
g 

Fa
ct

or
, C

Q
 

 
 
 
 

For leakage  >  0.5 ml / min,  Q
f

0.9013C
Q

=  

 
For leakage  ≤   0.5 ml / min,  ( )4.82Q fC 4.2 Q= −  

 
 
 

Figure 6.8  Allowable Leakage Multiplying Factor  
(Gas Valve Applications) 
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Table 6-4 provides typical surface finishes 
 
 
 

Figure 6.9  Surface Finish Multiplying Factor  
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  where:  SS =  poppet seat stress, lbs/in2 

 
 
 
 

Figure 6.10  Seat Stress Multiplying Factor  
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Figure 6.11  Seat Diameter Multiplying Factor  
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Figure 6.12  Land Width Multiplying Factor 
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Figure 6.13  Spool Clearance Multiplying Factor 
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Figure 6.14  Spool Diameter Multiplying Factor  
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Figure 6.15  Flow Rate Multiplying Factor  
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Figure 6.16  Fluid Viscosity Multiplying Factor 
 
 
See Table 6-6 for values of typical fluids 
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Table 6-4.  Typical Surface Finishes for Manufacturing Processes 
 
 

PROCESS 
SURFACE 
FINISH, μin 

 
PROCESS 

SURFACE 
FINISH, μin 

Lapping 2 - 16 Boring, turning     16- 200 

Polishing 4 - 16 Electron beam 32 - 250 

Honing 4 - 32 Reaming 32 - 125 

Grinding 4 - 64 Milling 32 - 250 

Burnishing 8 - 16 Drilling 64 - 250 

 
 
 

Table 6-5.  Contaminant Multiplying Factor, CN
 

NUMBER PARTICLES UNDER 10 
MICRON PER HOUR (N10) 

 
HYDRAULIC COMPONENT 
PRODUCING PARTICLES 

 
PARTICLE 
MATERIAL PER GPM PER LPM 

Piston Pump steel 0.017 0.0045 

Gear Pump steel 0.019 0.0050 

Vane Pump steel 0.006 0.0016 

Cylinder steel 0.008 0.0021 

Sliding action valve  steel 0.0004 0.00011 

Hose rubber 0.0013 0.00034 

 
3

O
N 10

10

CC N G
C

⎛ ⎞
= ⎜ ⎟

⎝ ⎠
RPM    or   

3

O
N 10

10

CC N L
C

⎛ ⎞
= ⎜ ⎟

⎝ ⎠
RPM  

 
Where:      Co  =  System filter size in microns 

      C10  =  Standard system filter size = 10 micron 

  GPMR  =  Rated flow in gallons/min 
  LPMR  =  Rated flow in liters/min 

   N10  =  Particles/hour/rated GPM or particles/hour/rated LPM  

                              for gas valve applications  
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Table 6-6.  Fluid Viscosity/Temperature Multiplying Factor, Cν   

for Typical Fluids 
 

Cν

                                         Fluid Temperature,  oF 

 
 
 

FLUID 

-50 0 50 100 150 200 250 300 350 

Air 554.0 503.4 462.9 430.1 402.6 379.4 359.5 --- --- 

Oxygen 504.6 457.8 420.6 390.2 365.9 343.6 325.3 --- --- 

Nitrogen 580.0 528.0 486.5 452.6 424.3 400.0 379.6 --- --- 

Carbon Dioxide --- --- 0.7 0.8 0.9 0.9 --- --- --- 

Water --- --- 6.309 12.15 19.43 27.30 --- --- --- 

SAE 10 Oil --- --- 0.060 0.250 0.750 1.690 2.650 --- --- 

SAE 20 Oil --- --- 0.0314 0.167 0.492 1.183 2.213 2.861 5.204 

SAE 30 Oil --- --- 0.0297 0.1129 0.3519 0.8511 1.768 2.861 4.309 

SAE 40 Oil --- --- 0.0122 0.0534 0.2462 0.6718 1.325 2.221 3.387 

SAE 50 Oil --- --- 0.0037 0.0326 0.1251 0.3986 0.8509 1.657 2.654 

SAE 90 Oil --- --- 0.0012 0.0189 0.0973 0.3322 0.7855 1.515 2.591 

Diesel Fuel 0.1617 0.7492 2.089 3.847 6.228 9.169 12.78 16.31 --- 

MIL-H-83282 0.0031 0.0432 0.2137 0.6643 1.421 2.585 4.063 0.6114 0.7766

MIL-H-5606 0.0188 0.0951 0.2829 0.6228 1.108 1.783 2.719 3.628 4.880 

 
--- Data for these temperatures determined to be unreliable 
 

OCν
ν
ν

⎛ ⎞= ⎜
⎝ ⎠

⎟                   

 

Where:  νo  =  2 x 10-8  lbf-min/in2

    ν = Dynamic viscosity of fluid being used, lbf-min/in2
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Table 6-7.  Friction Coefficient of Typical Materials used in Valve Designs 
 

Friction Coefficient 
      Material 

Cμ Dry Cμ Lubricated 

Steel on steel 0.8 0.5 

Aluminum on steel 0.6 0.5 

Copper on steel 0.5 0.4 

Brass on steel 0.5 0.4 

Cast iron on steel 0.4 --- 

Brass on nylon 0.3 --- 

Steel on nylon 0.3 --- 

Teflon on Teflon 0.05 0.04 

Hard carbon on carbon 0.2 0.1 

Copper on copper 1.3 0.8 

Aluminum on aluminum 1.1 --- 

Nickel on nickel 0.7 0.3 

Brass on brass 0.9 0.6 
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7.1  INTRODUCTION 

Bearings are among the few components that are designed for a finite life because 
of the fatigue properties of the materials used.  Most bearings can be assigned a B10 
life, which is the number of hours at a given load that 90 percent of a set of apparently 
identical bearings will complete or exceed before failure.  There are a number of other 
factors that can be applied to the B10 life so that it more accurately correlates with the 
intended operating environment.  These factors include actual lubrication film thickness, 
misalignment, velocity, load stresses and subjection to contaminants. 

 
There are many different types of bearings in use making it extremely difficult to 

establish base failure rates for bearings based on field performance data.  Bearing 
analysis is also extremely difficult due to the large number of engineering parameters 
related to bearing design.  The most common failure mode of a bearing is wear.  The 
fundamental problem is that the bearing surfaces are neither perfectly flat nor smooth; 
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and when two surfaces such as a ball and raceway come into contact, only a small 
percentage of the apparent surface area is actually supporting the load. The result is 
high contact stresses, which can lead to excessive friction and wear.  The procedures 
for estimating bearing reliability presented in this chapter utilize the manufacturer's 
published B10 life with multiplying factors to relate the B10 value to intended operating 
conditions.   

 
7.2  BEARING TYPES 

7.2.1 Rotary Motion Bearings 
 
The rotary motion bearing is used in those applications in which the main load is 

transferred through elements in rolling contact.  These bearings are manufactured to 
take pure thrust loads, pure radial loads, or a combination of the two loads.  Rolling 
contact is provided by a rolling element, ball or roller to carry a load with minimal wear 
and friction.  Because of the greatly reduced starting friction when compared to the 
conventional journal bearing, rotary motion bearings have acquired the common 
designation of "anti-friction" bearings.  The most common rotary motion bearing 
application is that of a ball bearing used to support a shaft with radial and thrust loads in 
rotating equipment.  Load, speed, and the operating viscosity of the lubricant affect the 
frictional characteristics of a rotary motion bearing. 

 
Rolling element bearings have a life which is limited by the fatigue life of the 

material from which they are made and as modified by the lubricant used.  In rolling 
contact fatigue, precise relationships between life, load, and design characteristics are 
difficult to predict and, therefore, the statistical B10 life based on a probability of survival 
is used with multiplying factors to adjust the B10 life to the actual conditions being 
projected. 

 
7.2.1.1  Ball Bearings 

 
Ball bearings are generally used where there is likely to be excessive misalignment 

or shaft deflection.  Most ball bearing designs originate from three basic types: 
 
(1)  Single-row radial - the most widely used ball bearing, a symmetrical unit 

capable of absorbing combined radial and thrust loads.  It is not intended for pure thrust 
loads.  Because this type of ball bearing is not self-aligning, accurate alignment 
between the shaft and housing bore is required. 

 
(2)  Single-row angular contact - designed for combined radial and thrust loads 

where the thrust component may be large and axial deflection must be confined.  A high 
shoulder on one side of the outer ring is provided to take the thrust, and the shoulder on 
the other side is sufficiently high to make the bearing non-separable.    
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(3)  Double-row angular contact - two single-row angular contact bearings built as a 
unit with the internal fit between balls and raceway fixed during assembly.  These ball 
bearings have a known amount of internal preload built in for maximum resistance to 
deflection.  They are very effective for radial loads where bearing deflection must be 
minimized. 

 
 

7.2.1.2  Roller Bearings 
 
Cylindrical roller bearings are used to support pure radial loads.  They are often 

used at one end of a highly loaded gear shaft with either tapered roller bearings or 
multiple-row matched ball bearings at the other end.  Roller bearing life is drastically 
reduced by excessive misalignment or deflection; hence, when using roller bearings, the 
stack-up of tolerances contributing to misalignment and the shaft or housing deflections 
should be carefully considered.  To compensate for some degree of misalignment or 
deflection and to carry heavy radial loads, roller bearings are crowned to prevent the 
phenomenon known as end loading.  End loading invariably leads to a drastic reduction 
in bearing life.  The crowning process distributes the load away from the roller ends and 
prevents excessive stress that could cause fatigue at the roller bearing ends. 

 
Tapered roller bearings are being used increasingly in modern drive systems, since 

they can react to both thrust and radial loads and can offer the greatest load-carrying 
capacity in the smallest possible envelope.  Although early tapered roller bearings were 
speed limited, these restrictions have been removed by utilizing bearings with special 
lubrication features.  However, on very high-speed shafts, the use of tapered roller 
bearings may be precluded due to their inability to operate for required time intervals 
under survivability (oil-off) conditions.  Tapered roller bearings, unlike single-row ball 
and cylindrical roller bearings, require spacers or shims to give these bearings the 
proper amount of preload or end play for proper operation.  Usually it is desirable to 
have a light preload although a small amount of end play is often acceptable.  As with 
internal clearance, extremes in end play or preload should be avoided. 

 
Needle bearings are characterized by their relatively small size rollers, usually not 

ranging above 1/4 inch in diameter, and a relatively high ratio of length to diameter, 
usually ranging about 8 to 1.  Another common characteristic of needle bearings is the 
absence of a cage or separator for retaining the individual rollers. 

 
7.2.2 Linear Motion Bearings 

 
Linear motion bearings provide sliding contact between mating surfaces.  The more 

common types of sliding contact bearings include: 
 
  (1)  Radial bearings designed to support rotating shafts or journals 
  (2)  Thrust bearings designed to support axial loads on rotating  

       members 
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(3) Guide bearings designed to guide moving parts in a straight  
line 

 
The relative motion between the parts of linear motion bearings may take place as a 

sliding contact without the benefit of a lubricating medium such as with the dry operation 
of Teflon.  Sliding action may also occur with hydrodynamic lubrication in which a film 
build-up of lubrication medium is produced, with either whole or partial separation of the 
bearing surfaces.  Hydrostatic lubrication may also be used in which a lubricating 
medium is introduced under pressure between the mating surfaces causing a force 
opposite to the applied load. 

 
Although linear motion bearings are relatively inexpensive, they can cause costly 

equipment shutdowns if not properly integrated into the design.  Short bearing life can 
be caused by misalignment, a bent shaft, a rotating part rubbing on a stationary part, a 
rotor out of balance causing vibration, excessive thrust caused by mechanical failure of 
other parts, excessive temperature caused by lack of lubrication, dirt or other 
contaminant and corrosion from water in the bearing housing.   

 
The reliability analysis procedures in this chapter focus mainly on rotary motion 

bearings.  Linear motion bearings are covered in greater detail in Chapter 18.  
 

7.3  DESIGN CONSIDERATIONS 

7.3.1  Internal Clearance 
 
Internal clearance, the clearance between the inner race and the shaft, is an 

important consideration in the design of ball and roller bearings, since improper internal 
clearance can drastically shorten the life of a bearing.  A small internal clearance may 
limit the amount of misalignment that can be tolerated and can lead to heavily preloaded 
bearings.  Excessive internal clearance will cause the load to be carried by too few 
rolling elements.  The best practice is to ensure that under all conditions there will be a 
small positive internal clearance.  Usually, the most significant factors to consider when 
determining mounted internal clearance of the bearing are the reduction of internal 
clearance due to shaft or housing fits and the effect of temperature on the housing/outer 
race interface diameters. 

 
7.3.2   Bearing Race Creep 

 
The creeping or spinning of bearing inner races on gearshafts is a fairly common, 

although not usually serious, problem in most drive systems.  Lundberg and Palmgren 
developed fairly simple parametric calculations for the minimum fit to prevent creep with 
solid shafts, but there has been little if anything published on minimum press fits for 
hollow shafts, as are used in helicopter drive systems.  Since an accurate mathematical 
solution to such a problem would be extremely difficult, the best approach seems to be 
a reliance on past experience.  Sometimes it may not be possible to achieve the 
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necessary press fit to prevent creep without introducing excessively high hoop stress in 
the bearing race.  A common practice in this case is to use separate anti-rotation 
devices with a slotted bearing race.  Although this practice is fairly effective with 
stationary races, it is seldom effective with rotating races. 

 
7.3.3   Bearing Material 

 
Because the wear rate of a material is proportional to the load applied to it, and 

inversely proportional to its hardness, one obvious way of reducing wear on bearing 
components is to increase the hardness at their surface.  This is commonly 
accomplished by using hard coatings, such as electro-less nickel, hard anodised 
aluminum and thin dense chrome.  In addition, other hard coatings, such as titanium 
carbide, carburising, and both carbo- and plasma nitriding are also widely used.  
Another advance in bearing technology has been the development of extremely clean 
bearing steels resulting from vacuum-melt processing.  Vacuum-melt bearings have 
significantly increased the potential life of a bearing by one and one-half to two times 
the life of vacuum-degassed bearings.  Bearings of such advanced materials as M-50 
steel can offer even further improvement.  Cost of the bearing is an important 
consideration and the application of the bearing considering such factors as loading and 
velocity must determine the bearing selection.   

 
7.3.4   Inspection Requirements 

 
Design analysis must include the consideration of proper inspection procedures for 

the assembly of bearings which can enhance their reliability.  Besides the obvious 
dimensional inspection requirements, two additional inspections by the manufacturer 
should be specified for all high performance drive system bearings: 

 
• Magnetic particle  

• Nital etch 
 
Magnetic particle inspection can detect the presence of relatively large surface or 

near-surface anomalies, such as inclusions, which are often the cause of bearing 
spalls.  Nital etch inspection can detect the presence of grinding burns, which locally 
change the hardness of the material and cause premature bearing failure. 

 
7.3.5   Bearing Installation and Removal 

 
The installation of bearings should be carefully considered during design not only to 

prevent assembly errors, but also to permit easy removal of the bearing without 
damaging it.  Lead chamfers are often installed at bearing journals to facilitate 
installation.  When specifying the breakout on the bearing corners, the shaft drawing 
should be checked to ensure that the maximum radius at the shaft shoulder will be 
cleared by the bearing.  The height of the shaft shoulder should, if possible, be 
consistent with that recommended by bearing manufacturers.  Where necessary, flats 
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should be machined on the shaft shoulder so that a bearing puller can remove the 
bearing by contacting the inner race.  Many bearings have been damaged in the past 
where the bearing puller could grab only the cage or rollers of the bearing.  Where 
duplex bearings are used, the bearings should be marked so that the installer can 
readily determine the proper way for the bearings to be installed.  Incorrectly installed 
duplex bearings will not properly react to the design loads.  All bearings that can be 
separated should have the serial number clearly shown on all of the separable com-
ponents.  This will prevent the inadvertent mixing of components.  Every assembly 
drawing that contains bearings should clearly explain in the drawing notes how the 
bearing should be installed.  It is imperative that the mechanics building up this 
assembly have this information available. 

 
7.4   BEARING FAILURE MODES 

The common bearing failure modes, mechanisms and causes are listed in Table 7-
1.  One common mechanism of bearing failure is spalling, which is defined as 
subsurface chipping or breaking.  The failure is usually caused by loading of the bearing 
exceeding the design load.  Surface fatigue or peeling is a cracking and peeling of the 
surface metal.  It is usually the result of poor lubrication or surface damage which 
interrupts the lubricant film.  Scores and scratches are usually caused by hard particles 
being trapped in a bearing.  This failure mechanism may also be caused by inadequate 
sealing, contaminants in the lubricant, or installation damage.   

 
Smearing is surface damage resulting from unlubricated sliding contact within a 

bearing.  Brinelling is the actual indentation of a rolling element under excessive load or 
impact that causes stresses beyond the yield point of the bearing material.   Fretting 
wear is usually caused by an improper fit between the bearing and the shaft or outer 
surface of the bearing.  This allows movement of the race in relation to the housing or 
shaft.  The surfaces then wear or score, thereby damaging the surfaces and preventing 
a firm, fixed contact. 

 
Roller and tapered bearings have an additional failure mode defined as scuffing of 

the bearing surfaces.  This failure mode is usually caused by bearing exposure to an 
excessive load for an extensive period of time.  The surfaces of the moving parts are 
scored or scratched, increasing the roughness of the surfaces, setting up stress 
concentrations and increasing friction.  The scoring also interferes with the normal 
lubricant film and increases the metal-to-metal contact during use. 

 
Fatigue can occur due to cyclic loads normal to the bearing surface.  Wiping occurs 

from surface to surface contact due to loss of sufficient lubrication film thickness.  This 
malfunction can occur from under-rotation or from system fluid losses.  Overheating is 
indicated by babbitt cracking or surface discoloration.  Corrosion is frequently caused by 
the chemical reaction between the acids in the lubricants and the base metals in the 
babbitt.  Lead based babbitts tend to show a higher rate of corrosion failures. 
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Table 7-1.  Typical Modes of Bearing Failure 

 

FAILURE MODE FAILURE MECHANISM FAILURE CAUSE 

Fatigue damage - Spalling of ball/roller   
    raceway 
- Brinelling 
- Smearing 

- Heavy, prolonged load 
- Excessive speed 
- Shock load 
- Excessive vibration 

Noisy bearing - Surface fatigue 
- Glazing 
- Microspalling of  stressed 
   surfaces 

- Loss of lubricant 
- Housing bore out of round 
- Corrosive agents 
- Distorted bearing seals 

Bearing seizure - Crack formation on rings 
   and balls or rollers 
 - Skidding 

- Inadequate heat removal  
   capability 
 - Loss of lubricant 
 - High temperature 
 - Excessive speed 

Bearing vibration  - Scuffing 
- Fretting 
- Pitting of surfaces 

- Misalignment 
- Housing bore out of round 
- Unbalanced/excessive load 
- Inadequate housing support 

 
 
Severe performance requirements may affect the reliability of the bearings if there is 

a path of heat conduction from the machine or any friction creating components within it 
to the bearings (for example, brakes or clutches).  This condition may cause a decrease 
in the bearing lubricant's operating viscosity and, consequently, a reduction in bearing 
life.  A lubricant with a higher temperature rating should prevent leakage or excessive 
wear. 
 
7.5   BEARING FAILURE RATE PREDICTION 

Rolling element bearing life is usually calculated using the Lundberg-Palmgren 
method (Reference 53).  This method is a statistical technique based on the sub-
surface initiation of fatigue cracks through hardened air-melt bearing material.  Most 
mechanical systems are not utilized precisely as the bearing manufacturer envisioned; 
therefore, some adjustment factors must be used to approximate the failure rate of the 
bearings under specific conditions. 
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Experience has shown that the service life of a bearing is usually limited by either 
excessive wear or fatigue.  Excessive wear occurs when the bearings are improperly 
installed or exposed to hostile operating environments.  Inadequate lubrication, 
misalignment, contamination, shock, vibration, or extreme temperature all cause 
bearings to wear out prior to their estimated design life.  In contrast, a bearing can be 
expected to perform adequately for the duration of its rated life, given proper operating 
conditions, until failure occurs due to fatigue.   

 
Rolling element bearings ultimately fail due to fatigue because the load carrying 

balls, raceways, rollers, etc. are subjected to cyclical contact stresses.  Under laboratory 
conditions the fatigue characteristics of bearings can be quantified in terms of stress 
magnitude and number of stress cycles, which in turn relates to the bearing load and 
number of revolutions.  A heavily loaded bearing, for example, has a much shorter 
fatigue life than a lightly loaded one when both are operated at the same low speed.  
Conversely, a bearing operated under a light load and low speed provides a service life 
several times greater than the rated life.  In this latter case service will generally be 
terminated by wear. 

 
Attempting to estimate the fatigue life of an individual bearing is not very practical 

because of the large number of design parameters to consider in relation to the 
sensitivity of the operating environment.  Instead, statistical methods are used to rate 
bearings based on the results of large groups of the same type of bearing tested to 
failure under controlled laboratory conditions to establish a fatigue life rating.  This 
rating, known as the B10 life, is defined as the number of hours that 90% of the bearings 
operating at their rated load and speed, can be expected to complete or exceed before 
exhibiting the first evidence of fatigue.   

     
Standard equations have been developed to extend the B10 rating to determine the 

statistical rated life for any given set of conditions.  These equations are based on an 
exponential relationship of load to life. 

  

,

BE A

BE B S

y
L
L

λ
λ

⎛ ⎞
= ⎜ ⎟

⎝ ⎠
      (7-1)  

   
Where:    λBE =  Failure rate, failures/million revolutions 

   λBE,B =  Base failure rate from B10 life, failures/million revolutions   

        LA =  Equivalent radial load, lbs  

        LS =  Basic dynamic load rating, lbs 

        y =  Constant, 3.0 for ball bearings, 3.3 for roller bearings  
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The basic dynamic load rating, LS, is determined through tests based upon the B10 
life.  This rating can be found in manufacturer's catalogs or engineering drawings. 

 
In a ball or roller bearing, the rolling elements transmit the external load from one 

ring to the other.  The external force load is generally composed of a radial load FR and 
an axial load FA and is distributed over a number of rolling elements.  These two 
components combine to form the equivalent radial load.  The equivalent radial load, LA, 
is defined as the radial load producing the same theoretical fatigue life as the combined 
radial and thrust loads.  All bearing loads are converted to an equivalent radial load.  If 
only pure radial loads are involved, then the value for LA  is simply the radial load. 

 
Except for the special case of pure thrust bearings, bearing ratings shown in 

manufacturers' catalogs are for radial loads.  When thrust is present, an equivalent 
radial load must be determined before estimating reliability.  Most bearing 
manufacturers provide methods of combining thrust and radial loads in accordance with 
ANSI standards to obtain an equivalent radial load.  This relationship can be written as 
follows:  

 
A R AL XF YF= +        (7-2) 

 
 

Where:       LA  =  Equivalent radial load, lbs 

        FR  =  Radial load, lbs 

       FA  =  Axial load, lbs  

          X  =  Radial factor relating to contact angle 

         Y  = Thrust factor relating to contact angle, thrust load and 
                                     the number and size of balls or rollers in the bearing 

 
A bearing catalog will display separate tables of values to cover single-row, double-

row, and angular-contact variations.  X and Y can be obtained from the manufacturer of 
the bearing.  References 44 and 83 provide design equations to calculate radial and 
thrust loads, and guidelines for estimating the radial and thrust factors. FA should not 
exceed 30%of the radial load 

 
Substantial improvements in materials processing and manufacturing techniques 

have been made since the original development of the B10 concept for predicting 
bearing life.  For instance, high-purity steels that are vacuum degassed or vacuum 
melted are now widely used for bearings.  Also, bearing components are manufactured 
to tighter tolerances on geometry, and ball/raceways have finer finishes, which help to 
improve lubricating films.  For reasons such as these, bearing manufacturers have 
modified their B10 ratings with certain adjustment factors.  Therefore, the B10 life 
provides the latest and best estimate for the base failure rate.  However, the published  
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BB10 life is an estimate, since it takes such a long time to perform life testing.  As new 
materials and manufacturing procedures are implemented, the B10 life is adjusted 
upward per engineering calculations.  To evaluate a manufacturer's bearing for 
reliability, it is best to utilize the published B10 life and modify it according to the 
particular application ( ). Reference 83
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Where:        y =  3.0 for Ball Bearings; 3.3 for Roller Bearings  

       LA =  Equivalent radial load, lbs 

       LS =  Bearing load capacity, lb  

      νO =  Specification lubricant viscosity, lb-min/in2

       νL =  Operating lubricant viscosity, lb-min/in2

   CCW =  Water contamination factor 

       Ct =  Operating temperature Multiplying Factor  
 
 
The above equation can be expressed as a more familiar relationship between a 

base failure rate and a series of multiplying factors: 
 
 

,BE BE B CWyC C C Cν tλ λ= i i i i      (7-4) 
 
 
Where:     λBE =  Failure rate of bearing, failures/million revolutions 

    λBE,B =  B10 life of the bearing  

       Cy =  Multiplying factor for applied load (See Figure 7.2)   

       Cν =  Multiplying factor for lubricant (See Figure 7.3) 

    CCW =  Multiplying factor for water contaminant level (See Section 7.5.2) 

       Ct =  Multiplying Factor for operating temperature (See Figure 7.5) 
 
 
 

Bearings  Revision B 7-10  



 
7.5.1   Lubricant Multiplying Factor 

 
The lubricant factor, Cν, is a function of the viscosity of the lubricant used in the 

bearing system.  Cν can be expressed as: 
 
 

0.54
O

L

Cν
ν
ν

⎛ ⎞
= ⎜ ⎟

⎝ ⎠
       (7-5) 

 
 

Where:      νO =  Viscosity of specification lubricant, lb-min/in2

       νL =  Viscosity of lubricant used, lb-min/in2

 
     Multiplying factors for the effect of lubrication velocity on the failure rate of a 

bearing are shown in Figure 7.3. 
 
 

7.5.2   Water Contamination Multiplying Factor 
 
Less than 10 percent of all ball bearings last long enough to fail due to normal 

fatigue (Reference 8).  Most bearings will fail due to static overload, wear, corrosion, 
lubricant failure, contamination, or overheating.   Water contamination, for example, can 
have a detrimental effect on fatigue life (Ref. 4).  A water contamination multiplying 
factor which accounts for the reduction in fatigue life due to the leakage of water into the 
oil lubrication is shown in Figure 7.4.  This factor is represented as CCW and is 
represented by the following equations derived from data in Reference 19. 

 
 

2
CWC 1.04 1.03 CW 0.065 CW= + −     (7-6) 

 
 
Where:     CW =  Percentage of water in the lubricant 
 
The CCW multiplying factor will modify the base failure rate as shown in Equation (7-

4).  
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Where:      LA  =  Equivalent radial load, lbs 
       LS   =  Dynamic Load Rating, lbs 
         y =  3.0 for ball bearings, 3.3 for roller bearings 
  

 
Figure 7.2  Multiplying Factor for Applied Load 
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Where:      νΟ  =  Viscosity of specification fluid 
       νL =  Viscosity of lubricant used  
  
 

 
Figure 7.3  Multiplying Factor for Bearing Lubricant 

 
 

Bearings  Revision B 7-13  



 
 

1.0

1.5

2.0

2.5

3.0

3.5

4.0

4.5

5.0

0.0 0.5 1.0 1.5 2.0 2.5 3.0 3.5 4.0 4.5 5.0

Water Content of Lubricant, CW, Percent

  W
at

er
 C

on
ta

m
in

at
io

n 
M

ul
tip

ly
in

g 
Fa

ct
or

, C
 CW

 

 
 
 
 

2
CWC 1.04 1.03 CW 0.065 CW= + −  

 
 
Where:     CW =  Percentage of water in the lubricant 
 
 
 

Figure 7.4  Water Contamination Multiplying Factor  
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Ct  = 1.0  for Ct  < 183oC 
  

3
O

t
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⎛ ⎞= ⎜
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⎟  for Ct   183≥ oC 

 
Where:         Ct =  Operating Temperature of the Bearing 
 
 
 

Figure 7.5  Operating Temperature Multiplying Factor  
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